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Foreword 


This report presents the results of an analyt icr.l -exper i - 
mental development study conducted by SKF Technology Services, 
a division of SKF Industries, Inc., located in King of Prussia, 
PA 19406 for the National Aeronautics and Space Administration, 
Lewis Research Laboratory, Cleveland, Ohio, 44135 under contract 
NAS3-20839. The work /as completed under the technical direc- 
tion of the NASA Projec*. Manager, Mr. Richard J. Parker, Bearing, 
Gearing and Transmission Section, Structures and Mechanical 
Technologies Division. 
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Suwi^ry 

The combined enelytlcal-experimentel program described 
in this report had two primary objectives. These were; 

(1) To analytically evaluate and compare the performance 
of a number of rolling bearing configurations to be used to 
support the input pinion shaft in a proposed commercial heli* 
copter transmission design; and 

(2) To experimentally define the performance characteristics 
of a high speed tapered roller bearing operating under conditions 
comparable to those analytically projected to exist at this input 
pinion shaft. 

Analytically, a tapered roller bearing shaft support config- 
uration was developed for the gearbox application by selecting 
commercially available bearing designs. This configuration was 
optimized for a number of parametric variations and the resulting 
design was subjected to an interactive thermo-mechanical systems 
analysis. These results were subsequently compared to those 
achieved from another proposed design, consisting of a thrust 
carrying cylindrical roller bearing preloaded against two 
angular contact ball bearings, and a typic-'l current bearing 
conHcuration, a standard cylindrical roller bearing and a pre- 
loaded stack of three angular contact ball bearings. 

The analytical effort demonstrated that both proposed 
alternate designs offer advantages in both perfonnance and system 
simplification when compared to the current bearing configuration. 
While the configuration containing the thrust carrying cylindrical 
roller bearing as a preload bearing, appears to offer the best 
approach, the lack of experience with this novel design precludes 
the recommendation of that configuration for use in the transmission 
without conducting additional experimental evaluations. 

An experime al series was completed to evaluate commercially 
available M88000 series tapered roller bearings modified for high 
speed operation. This bearing had been selected as the primary 
load supporting element on the analytically defined tapered 
bearing pinion shaft support system. The experimental activity 
established that automotive pinion quality tapered roller bear- 
ings are capable of reliable operation under load and speed 
conditions in excess of those anticipated in the helicopter 
transmission. This good performance was repeatably noted in a 
number of short duration performance tests and over an extended 
period of more than 30 hours in a long term test run. There 
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w«r« aoiM indications# howavar# that tha alaotohydrodynaiiiie 
lubricant filns ganaratad in tha baarings undar thoaa conditions 
ara inadaquata to alloif thaaa baaringa to aohiava thair full 
anduranoa potantial in tha application. 

On tha basis of this program# it would ba concludad that 
taparad rollar baarings ara primary candidatas for usa on input 
pinion shafts in halicoptar transmissions. Tha introduction of 
thasa baarings into this application can produce banafits in 
tha areas of system parformanca and hardware simplification. 
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1. Introduction 


1.1 Btckground 

During the last decade a significant amount of effort has 
been expended on the development of advanced power generation 
and transmission systems for helicopters. Much of this activity 
has been funded by the government and has been military in 
nature since the armed forces represented the single primary 
user of helicopter systems. For the most part commercial 
helicopters produced during this period have been copies or 
simple adaptations of the existing military hardware. 

However, this trend is now changing. Near the end of 1979, 
an FAA spokesman stated that "the helicopter is the fastest 
growing segment of aviation today" [1].* A significant portion 
of this growth is apparent in the commercial sector and this 
activity is expected to show continued expansion in the years 
to come. This rapid expansion cr.>ates a continued need for 
power generation and transmission system development and alters, 
to some degree, the focus of these efforts. 

The primary emphasis of the military programs conducted to 
date has been the achievement of increased performance, reduced 
vulnerability to ballistic impact, and increased survivability once 
ballistic damage has been sustained. The emphasis in commercial 
development is expected to center on increased safety, improved 
weight carrying capacity, and increased operating efficiency. 

While some aspects of these goals are common to both areas, 
others are either unimportant or even mutually exclusive. 

The development of more advanced power transmission systems 
is basic to both areas of activity. Gearboxes which can operate 
at higher input speeds and can simultaneously transmit higher 
power levels are needed to meet many of the stated goals. Con- 
currently, it would be desired that these systems would also 
offer reduced weight, improved reliability, cost less to manu- 
facture, and be easier to maintain. 

The input pinion shaft assembly of the main helicopter 
transmission is seen as one area where gains are achievable in 
all these areas. Typically such shafts have been supported on 
stacks of multiple angular contact bearings or using combined 
ball and cylindrical roller bearing sets. In these cases, the 
multiplicity of bearing assemblies creates problems in assuring 
the proper degree of load sharing among the bearings <md in 

^'Numbers in brackets refer to References listed in Section 9. 
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r«li«bly providing ndoquato lubriontion and eoeling to all of 
tho aaaaobliaa. Solutions to thasa problans usually addad avan 
mora eonplaxity to tha hardvara. Tha raplaoasiant of thasa 
multipla baaring units with a singla baaring assambly oapabla 
of supporting larga oombinad loads at high spaads would ba a 
major st%>p in improving tha raliability and maintainability of 
tha transmission. Simultanaously* this substitution would provida 
waight raduotions and raduead manufacturing costs. 

Tha transmission davalopstant activity funded by tha military 
is now culminating in thraa major programs sponsored by tha U.8. 
Army Aviation Research and Davalopmant Command (AVRADCON) to 
design and construct thraa different state of tha art trans- 
missions [2, 3, 41. All thraa of thasa programs incorporate 
major changes in tha input pinion shaft support system. One 
program is considering tha use of two high spaed tapered roller 
bearings I including an axparimantal outer ring flanged version > 
on this shaft to support tha gear assambly [2]} tha second is 
incorporating an axparimantal thrust carrying cylindrical roller 
baaring in place of tha multipla baaring assambly (3, 51 i and tha 
third incorporates integral baaring races on tha pinion shaft 
itself [4] . Experience, to data, with tha two singla baaring 
designs has bean favorable in thasa programs. However, their 
ultimata acceptability in military systems can ba severely 
limited by an apparent decrease in survivability of these bearings 
exposed to small arms fire. 

The need for lost lubrication survivability still exists in 
helicopters designed purely for commercial applications as a 
safety consideration relating to lubrication system failures. 
However, these requirements need not be as extensive as those 
now being applied to military aircraft where hostile territory 
and mission responsiveness are major considerations. It is known 
that these single baaring units can operate reliably and provide 
the enumerated advantages over existing shaft support systems 
when adequate lubrication is provided and projected methods now 
exist to achieve a degree of lost lubrication survivability. 

Thus these bearing designs are primary candidates for Incorporation 
into helicopter transmissions in the commercial sector. 

1.2 Program Oblectives 

In support of the potential growth in the commercial hell* 
copter field and to encourage the technical independence of 
commercial design principles, the Lewis Research Laboratory of 
NASA initiated a program to design, build and experimentally 
evaluate an advanced transmission system for a projected commercial 
helicopter. As a portion of that effort, SKF Technology Services 
was awarded a contract for the analytical and experimental. 
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evaluAtion of alttmAtiv* input pinion shaft btaring supports. 
Tho sptcific objectivas of tna nodifitd contract » Nunbtr NASS* 
20839, art iterated below. 

Analytically, a nusiber of distinct specific activities 
were to be completed. These were; 

Bearina Selection and Desian of Modifications for High 

Speed; ~ 

A computerized analytical study was to be completed using 
existing computer codes, on four existing commercial tapered* 
roller bearing designs in a size range consistent with the 
specified transmission design. Each bearing design was to be 
evaluated on the basis of bearing stiffness and deflection, 
heat generation rate, roller end/flange loading and stress 
levels, and bearing fatigue life. Roller end radius was varied 
in the analysis to determine the benefit of this modification. 
Operating conditions for this analysis were as follows: 
loads as determined for the most heavily loaded bearing from 
the system analysis; a shaft speed of 3766 rad/s (35,963 rpm) ; 
a maximum bearing temperature of 422K (300*F) and lubrication 
provided with a MIL-L*23699 synthetic fluid. 

The two (2) most promising designs were selected and 
specifications prepared for modification of bearing components 
to be compatible with the high*speed operating conditions. The 
calculated Bio fatigue life of the most heavily loaded bearing 
at 601 of the nominal load was specified as not less than 2500 
hours. This nominal load was defined as the maximum load on 
the most heavily loaded bearing. The projected modifications 
included (a) removal of the cone small end flange, (b) the use 
of a machined steel, silver plated, cone-land riding cage, (c) 
the addition of lubricant supply holes from the cone bore to the 
undercut located at the large end flange and from the cone bore 
to the small end cage riding land, (d) improvement of the cone 
flange surface finish and (e) the alteration of roller end pro- 
file. 


Preliminary Shaft-Bearing Design Evaluated: 

This analysis was performed to obtain a recommendation for 
a preliminary design of a shaft and tapered - rol ler bearing sys- 
tem to support the high-speed input pinion of the advanced 
helicopter transmission. The effort included the consideration 
of both a straddle arrangement where the bevel pinion is located 
axially between the two tapered-roller bearings and a cantilevered 
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Arrang<iii«nt whtra tht pinion if outboard of tht two taparad< 
rolltr bearing!. The resulting design also included recosuiend> 
ations for preloads and fits for use a*, the Maxlmuii torque 
condition. Once again the design size limitations of the trans- 
mission were specified and limits were p^.iced on the allowable 
deflections and misalignment which could exist at the gear. 

Preliminary designs were to be presented in both straddle 
and cantilevered arrangements and the advantages and disadvan- 
tages of each were to be delineated and discussed. 

Pinal Definition of Input Pinion Support System ; 

This was a continuation of the previous activity where 
different sizes of precision toleranced tapered roller bearings 
were to be selected for each end of the shaft to support the input 
pinion in a straddle arrangement within the defined space 
limitations of the tr«'.r^smission design. An overall computer 
analysis of the selected bearing arrangement was to be completed 
including a thermal analysis accounting for the thermal and mechanical 
interactions of the pinion in its environment. The analysis 
also considered preload and fit variations to obtain optimum 
performance of the bearings. The resulting deflections and 
inclination of the pinion and the bearing fatigue lives were 
specified as output parameters of the effort. 

Analysis of Alternative Shaft Support Systems; 

An analysis was to be completed on alternate design shaft 
and bearing systems comprising four arrangements of ball and/or 
cylindrical roller bearings. These were defined as two straddle 
systems with a three element angular contact ball bearing stack 
and a cylindrical roller bearing , using different sized bearings, 
and two arrangements with two element angular contact ball bearing 
stack with a thrust carrying cylindrical roller bearing providing 
the preload in both straddle and cantilever configurations. 


The extent of the analysis was similar to the other prelim- 
inary analysis and included lubricant and traction effects in 
the bearings. Again the analysis considered preload, fit 
and lubricant flow rate variations to obtain optimum performance 
of the bearings. Deflections and inclination of the pinion and 
bearing fatigue life were to be determined using operating 
conditions identical to those used in previous analysis. 


SKF TECHNOLOGY SERVICES 

SK^ INDUSTRIES. INC'. 


6 


ATI1T014 


The latter configuration waa alao aubiected to ateady atate 
thernal analyaia to conaider the coupled thernonechanical ayaten 
including the pinion and ita nechanical environiient. 

The experinental activitiea contained in thia progran con> 
aiated of the following: 

Fabrication of Teat Bearinga ; 

The two aizea of connercial tapered roller bearinga aelected 
in the analytical effort were procured and Modified according to 
the apecificationa developed in that aame analyaia. In addition, 
a lot of preciaion tolerance bearinga of one deaign waa pro- 
cured and the bearinga were modified. 

Test Facility Preparation; 

An existing test fixture was modified to be capable of the 
simultaneous testing of two test bearings in the opposed position. 
Maximum operating conditions for the test system were specified 
as 1101 of the transmission design speed and ISOt of the 
transmission design loads. The test system was also required to 
have sufficient instrumentation to define applied load levels, 
bearing operating temperature, lubricant supply and scavenge 
temperatures, shaft speed, and cage rotational speed. 

Bearing Performance Tests: 

A series of step speed performance test runs were to be com- 
pleted under a variety of loading and lubrication conditions. 

The primary objective of these tests was to determine the capa- 
bility of the two bearing designs to survive the applied range 
of operating conditions. In addition, values of various oper- 
ating parameters were recorded to allow an evaluation of the 
primary performance indicators of the bearings, e.g. heat 
generation rate, temperature rise, etc., under each set of 
conditions. The condition of the bearings were examined 
after each test using optical and scanning electron microscopy 
to define the residual conditions of the contact surfaces. 


Extended Duration Test; 

One SO hour extended duration test run was to be completed 
at maximum design operating conditions to establish the long term 
operating characteristics of the selected bearing. A major portion 
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of th# tvoluation would bo tht doflnition of tht poot toit 
condition of tho contact aurfacoa uaing optical and acanning 
oloctron nicroacopy. 

Dotailod diacuaaiona of tho conduct and roaulta of thcao 
activitioa aro contained in tho aubaoquont chaptora of thia 
report. 
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2. D0»ign and Syifu Analysis 

A lUMiber of sptcific analytical tasks ware included in this 
conbined analytical -experinental program. These tasks included: 

(1) the selection of tapered roller bearings to be used in the 
program and the definition of the modifications to be made to 
those bearings; (2) the comparative evaluation of taper supported 
pinion shaft configurations considering straddle and cantilever 
mounting of the gear; (3) the evaluation of alternative pinion 
shaft support configurations considering ball and cylindrical 
roller bearing systems and a thrust carrying cylindrical roller 
bearing system; and (4) the evaluation of a pinion shaft supported 
on non symmetrical tapered roller bearings. The latter two 
items (3, 4) included a detailed thermal evaluation of the 
selected pinion configurations. Each of these individual 
analytical tasks is described in some detail in the following 
subsections. 


2.1 Bearing Selection and Design of Modifications 

Prior to the initiation of this program, it was established 
that the tapered roller bearing to be used in this pinion 
application should meet the following requirements; 

(1) Be from an existing tapered roller bearing product 
line; 

(2) Have a bore diameter between 25 and 35 mm (0.984 and 
1.378 inches); 

(3) KaA^e an outer diameter less than 63.5 mm (2.5 inches); 

(4) Provide a minimum calculated Lio life of 2500 hours 
with an operating speed of 3770 rad/s (36,000 rpm) 
under loads equal to 604 of the maximum generated by 
the gear; and 

(5) Provide sufficient shaft stiffness to limit deflections 
at the gear to less than 25 pm (0.001 inch) and limit 
the inclination of the pinion to less than 1.74 mrad 
(0.1°) under the maximum gear load. 

The design of the spiral bevel input pinion gear to be used on 
this shaft had been established as shown in Table 1. 


SKF TECHNOLOGY SERVICES 

SKf-' iND -oTpiES. INC: 


9 


AT81T014 


TABLE 1 

Spiral B»vl Pinion Gear Detiin Dtflnition 


Nunber of Teeth 
Pitch Dieneter* 

Pace Width 

Pressure Angle 

Spiral Angle (left hand)* 

Pitch Angle 

Bevel Gear Ratio 

Rotational Direction 

Pinion Speed 

Pinion Torque at Maximum 
Power, i.e. 397 kW (533 HP) 


12 

44 mm (1.733 in.) 

17.3 mm (0.68 in.) 

0.3S rad (20*) 

0.52 rad (30*) 

1.310 rad (75.07*) 

3.75 

Driving Clockwise 
3766 rad/s (35,963 rpm) 

105 N.m (933 in. Ibf) 


*These values were altered partially through the 
program as a result of analytical work concurrently 
performed by NASA. The corrected values were: 

Pitch Diameter 46.78mm 

Spiral Angle Ranging from 0.52 to 0.61 rad 
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Pour stindard design tapered roller bearings were selected 
from the catalog which appeared to meet most or all of the 
specifications. These were the N88048/M88010, the L14130/L14274, 
the LN67048/LM67010, and the L68149/L68110. The major design 
features of these four bearings are listed in Table 2. As can 
be seen, the selected designs included relatively large vari> 
ations in internal geometry, i.e. taper ansle, roller number, 
roller diameter and included angle and roller end flange geometry. 

A preliminary analysis was then conducted considering only 
individual components, not a shaft system, to compare the 
characteristics of the bearings and to select two for further 
consideration. First, the loads generated at the spiral bevel 
pinion were calculated using those data from Table 1. In this 
way, the nominal thrust load applied to the shaft was approx- 
imated as 8.4 kN (853 Ibf) . For the calculations which followed 
it was assumed that the generated radial load was always 601 
of the axial load, or 5.0 kN (512 Ibf) at the nominal level. 

£ind applied load levels of 0.6, 0.75, 1.0 and 1.5 times nominal 
were considered. 

These initial comparative evaluations were completed using 
the computer program TABACV to calculate the Lxo fatigue life 
and the lubricant film thickness generated at the flange for 
each individual bearing design. These two parameters were 
selected as the evaluation criteria since life was a specified 
design constraint and scuffing or smearing at the flange roller 
end contact was a likely mode of failure. The other operating 
conditions for these runs were established as follows; shaft 
speed 3770 rad/s, average operating temperature 422 K (300®F), 
and circulating MIL-L-23699 lubrication. The results of these 
calculations are shown in Table 3. 

The selection of the two bearing designs to be used in this 
program was completed considering that the four candidate bear- 
ings consisted of two distinct subsets. The LM67000 and L68000 
series bearings contain small diameter, relatively light rollers. 
This is a marked advantage for a high speed bearing, but the 
small roller size also limits the potential fatigue life of the 
assembly. On the other hand, the L14000 and M88000 series have 
large rollers yielding significantly greater life potential. 
However, the outer diameter of these bearings exceeds the 
specified limit for the application. 
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From Table 3, it appears that the calculated lives of the 
former pair of bearings is insufficient for the application 
since calculated values less than 2500 hours were noted at 601 
nominal load. However, TABACY calculates life using the basic 
Lundberg Palmgren formulation without considering the life 
adjustment factors included in the more recent AFBMA formulations 
[6j. It is reasonable to assume at this time that the helicopter 
transmission application will demand bearings manufactured from 
at least vacuum malted material if not Vim Var M50 tool steel. 

It is not unrealistic therefore to consider the use of an a£ 
material life adjustment factors ranging in value from 3 to 5. 

At the speeds and operating temperatures noted, A values greater 
than 1.3 are anticipated producing at application life adjustment 
factors of 1.0 and greater. Thus utilizing the most recent life 
calculation techniques, all of the bearing designs achieve the 
calculated Lio life specified for the application. This being 
the case, the LM67048/LM67010 was selected for use in the program 
since it provided the greatest life of the low roller mass 
designs with no reduction in the thickness of lubricant film 
generated at the flange. 

The significant increase in fatigue life potential offered 
by the high roller mass designs produced the desire to consider 
one of these variations. It was reasoned that the design 
features which produced these life increases could probably be 
incorporated into a bearing meeting the size limitations of the 
gearbox. Furthermore, it was considered that this preliminary 
effort ought to consider a broad range of design features to allow 
the further optimization of subsequent high speed tapered roller 
bearing designs for life, performance and size. The M88000 bear- 
ing was selected as the second bearing for this project since it 
has the greatest life potential of the four candidate designs. 

Attention was then turned to the establishment of the design 
modifications to be incorporated into these standard bearings. 

The first parameter to be evaluated was the roller end sphere 
radius. A comparative analytical study was conducted using the 
computer program TABACY on the M88000 design geometry to establish 
the effects of varying roller end radii on the values of flange 
contact stress, heat generation rate, lubricant film thickness, 
and location of the contact zone. These results are shown in 
Table 4 and indicate that the thickness of the lubricant film 
layer decreases with decreasing sphere radii. Concurrently, 
substantial increases in contact stress level and heat generation 
rate are also experienced with small radius values. On this 
basis it appears that large sphere end radii are most desirable. 
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TABLE 3 

Cowpaimtlvt Study of Aitewuif Tipr Srlti 


S«ries 


Axial Load/ 


Film Thickness 

Bearing 

t Nominal 

Radial Load 


At the Flange 

Number 

Load 

tkN (Ibf.)l 

Lxo bife [Hra.] 

[m (win.)] 

L68000 

60 

75 

5.0/3.0(512/307} 

6.3/3.8(640/384) 

1270 

494 

0.33 (13) 
0.33 (13) 


100 

8.4/5.0(853/512) 

148 

0.30 (12) 


150 

12.6/7.6(1280/768) 

27 

0.30 (12) 

IM67000 

60 

5.0/3.0(512/307) 

1611 

0.33 (13) 


75 

6.3/3.8(640/384) 

602 

0.33 (13) 


100 

8.4/5.0(853/512) 

168 

0.30 (12) 


150 

12.6/7.6(1280/768) 

29 

0.30 (12) 

L14000 

60 

5.0/3.0(512/307) 

4743 

0.38 (15) 


75 

6.3/3.8(640/384) 

1884 

0.38 (15) 


100 

8.4/5.0(853/512) 

525 

0.35 (14) 


ISO 

12.6/7.6(1280/768) 

88 

0.35 (14) 

M88000 

60 

5.0/3.0(512/307) 


• 


75 

6.3/3.8(640/384) 

m 

- 


100 

8.4/5.0(853/512) 

3405 

0.38 (15) 


150 

12.6/7.6(1280/768) 

616 

0.35 (14) 
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Effects of Variation of Roller End %ihere R»lius 
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It had, howavar, baan pravioutly raportad [7] that an 
optinun filM thicknass ia axparlancad on tha flanga o£ a 
taparad rollar baaring whan tha rollar and radius is 80t of tha 
apex distanca. This trand did not axist in tha currant rasults. 
Further study established that tha previous calculations had 
bean conducted using tha Archard-Cowking lubricant filn nodal 
[8] which was derived for circular contacts. Tha conputar 
program TABACY incorporates tha modification of this nodal 
proposed by Chang [9] to account for tha allipticity of tha 
contact. Since elliptical contacts areas are calculated to exist 
on the flange, the currant filn thicknass calculations were con- 
sidered to be more realistic. 


It can also be noted that the location of the flange contact 
moves higher on the flange as the radius is decreased. In a 
tapered roller bearing of this size range, the usable flange 
contact zone is quite narrow, approximately 0.76 mm (0.030 in.). 
Thus it becomes extremely difficult to insure that the contact 
remains totally on the flange at all possible extremes of the 
tolerance ranges. Experimental experience has illustrated that 
overiuning the top edge of the flange is usually catastrophic 
since the corner tends to remove all of the protective lubricant 
film. Overrunning the lower corner does produce undesirable 
stress concentrations, but does not create similar critical per- 
formance characteristics. Thus contact location is a decisive 
factor and it is desirable to bias the contact towards the low 
side of the flange. 


Considering all factors, it was decided that the normally 
specified sphere end radius, which is«*^3l of the apex distance, 
was the best selection for these bearings yielding low contact 
stress, low heat generation rate, low contact point, and the 
maximum obtainable film thickness. 


The next factor to be considered was the size and number 
of the lubricant supply holes into the large end cone undercut. 
Calculations quickly demonstrate that centrifugal forces can 
pump extremely large volumes of oil through even very small 
radial supply holes. The size of the holes is therefore defined 
by that which can be practically achieved rather than that size 
necessary to insure delivery of a specified quantity of lubricant 
In this case, the maximum size of the hole is also limited by 
the confines of the undercut and the necessity of not relieving 

^he roller path surface. 
With this in mind, the actual hole into the undercut was limited 

to 0.8 mm (0.030 in.) diameter. However, to aid the drilling 
process and to limit the deflection of the small drill as it 
progressed through the thickness of the cone, the holes were 

of 7S-80» with a 1.6 mm 

(0. 062 in.) diameter. The final cut was subsequently made from 
the bottom of this hole to the undercut with the smaller drill. 
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Again, the number of holes to be used is not critical con* 
sidering the volume of lubricant to be provided, but this factor 
is very decisive in assuring the adequate distribution of the 
flow over the entire flange area. A previous experimental study 
conducted on large bearings defined the number of lubricant 
holes necessary for adequate lubrication of the flange as a 
function of flange velocity [7]. These guidelines would indicate 
that a minimum of 24 holes would be needed in this bearing which 
has a tangential flange velocity of 106 m/s (21,000 fpm) at the 
maximum speed. However, other testing completed on high speed 
taper roller bearings of a size similar to that used in this 
effort had indicated that successful operation could be 
achieved at flange speeds up to 152 m/s (30,000 fpm) with as 
few as 6 lubricant supply holes [10]. That same test series 
had graphically illustrated that these holes can be initiation 
points for cracks which could produce catastrophic ring fractures. 
It was desirable to minimize the number of holes and yet achieve 
sufficient flange lubrication for reliable long term operation. 
Accordingly, the number of holes was established at a compromise 
value of nine. Later during the experimental portion of the 
program, this number was increased to eighteen in an attempt to 
eliminate the roller end-flange failures which were being exper- 
ienced. However, as other possibly more directly related factors 
were also varied simultaneously, there is no direct evidence 
that this change was decisive in the subsequent success achieved 
in the test effort. 


Numerous cage designs have been employed successfully in 
past high speed taper roller bearing test programs. These 
range from a silver plated version of the standard stamped 
steel cage [7] through a number of varieties of stamped and 
machined retainers, up to a unique silver plated, machined 
steel *'Z" cage [ill . Typical considerations for high speed 
bearings require the use of land riding cages due to the 
dynamic variations produced with roll body centered retainers. 
This eliminated consideration of a stamped configuration. 

The silver plated machined steel cage used in previous programs 
[10,12] had performed extremely well. This basic design was 
therefore scaled for use in the current program. 

The remaining modification features were determined on the 
basis of good bearing design practice. These modifications 
were then incorporated in the standard series bearings to produce 
the M8800Q VAC and LM67000 VAC designs described in Section 3. 
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2.2 Preliminary Sh>ft’Bt»ring Systew An>ly»iit 

The objective of this analytical effort was to 
recommend preliminary designs of shaft high speed tapered 
roller bearing systems to support the high speed input pinion 
in the proposed helicopter transmission. This was accomplished 
by completing a series of computer analyses considering existing 
tapered-roller bearing systems selected in the preceding 
analysis (Section 2.lJ mounted both in a straddle arrangement, 
where the pinion gear is located between the bearings, and a 
cantilever arrangement, where the pinion is outboard of the 
two bearings. 

The analyses were completed using an existing load support 
system software package, SHABERTH, which is described in [13] . 

This program performs thermo>mechanical analyses of arbitrarily 
configured rolling-element bearing • shaft systems. The software is 
structured by nesting computation loops which address ever 
increasing levels of detail in system characterization. The 
present investigation used the first two levels of sophistication 
which are described below; 

LEVEL 0 - Elastic Contact Forces are calculated. No lub- 
rication or friction effects are considered. 

LEVEL 1 - Elastic Contact Forces are calculated. Lubri- 
cation and friction effects are considered using 
an isothermal model and epicyclic assumptions to 
estimate rolling element and cage speeds. An 
interacting thermal analysis is optional in this 
level, but was not employed in these preliminary 
analyses. Later analyses (Sections 2.3 and 2.4) 
did employ this option. 


Once again a successful system was defined as one which 
would meet the design constraints delineated in Section 2.1, 
i.e. Lio ^ 2500 hours at 601 the nominal gear load (NGL) , gear 
deflections 25 um (0.001 in.) at 1001 NGL, and gear rotation 
^ 1.74 mrad (0.1®) at 1001 NGL. Concurrently, shaft length 
restrictions were imposed by the transmission configuration. 

For the straddle configuration, the distance between the front 
face of the preload bearing cone and the load application point 
of the pinion was not to exceed 27.2 mm (1.07 inch). In the 
cantilevered configuration the same dimension was not to exceed 
77.5 mm (3.05 inch). 
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Initial system analyses were completed on the M88000 and the 
LM67000 series tapered roller bearings selected in Section 2,1, 
evaluating system life as a function of applied load and shaft 
wall thicicness. At that time, it became obvious that even con- 
sidering the life adjustment factor for Vim Var NSO material, 
i.e. a2 ■ 5 [14], the LM67Q00 bearing did not provide adequate 
rating lives. The continued studies considering the effects of 
preload, shaft-cone interference fits, bearing spacing and mis- 
alignment were completed only on the M88900 bearing. The effects 
of these variations on load distributions and bearing rating 
lives, including simulation of bearing and shaft elastic deform- 
ations, were evaluated for both support geometries. This analysis 
has previously been documented in detail [15] which is attached 
as Appendix 1. 

Concurrently, some additional effort was expended under 
SKF support to detail the performance of the pinion designs 
over a range of shaft rotational speeds. Lubrication and 
friction effects were Included at that time. Particular 
attention was directed to local as well as global heat gener- 
ation rates (HGR) to provide design information for proper 
lubrication of the bearings. This work was described in [16] 
which is attached as Appendix 2. 

In summarizing the results of this work, it is noted that 
neither of these commercial bearings provided a completely 
satisfactory design with respect to the original constraints 
on bearing rating life and available housing space. The M88000 
scries bearing, the larger of the two designs, was judged to 
be the best suited candidate since it afforded acceptable bearing 
rating life. However, it violated the housing space limitations. 
The smaller LM67000 series bearing did not demonstrate acceptable 
bearing life under the specified operating conditions. 

The results itemized below correspond to analyses which 
were carried out using pairs of M88000 series tapered roller 
bearings. Executions at Level 0 were done under the following 
operating conditions; shaft speed ■ 3744 rad/s (1.2 x 10® DN) , 
nominal gear load vector (Px, Py, Pj) ■ (-3.8, 1.2, -4.0 KN) 
varied from 601-1001 NGL, bearing material- Vim Var MSO tool steel, 
preload range ■ 0.0 to 222.4 N, shaft and housing fit range - 
line-on-line to 0.01 mm tight, shaft wall thickness ■ lOt to 
1001, temperature - 423 K. Executions at Level 1 include a 
range of speeds « 1040 to 6240 rad/s (0.33 to 2.0 x 10^ DN) , 
lubricant ■ MIL-L-23699 (estimated bearing flow rate ■ l.S t/min. 
(0.4 gpm). 
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Results at Level 0 


* A comparison of the bearing load distributions for the 
straddle and cantilever designs demonstrates that the 
straddle more equally distributes both radial and axial 
loads. This factor has a significant effect on bearing 
rating life. Analyses demonstrated an increase in L^q 
life of 2St for the straddle arrangement compared to 
the cantilever for identically sized arrangements. 


• Calculation of the deformations at the point of load 
application showed the straddle enjoyed a significant 
advantage over the cantilever at all load levels. Con- 
sideration of alternate designs with reduced bearing 
spacing demonstrated that radial deflection decreases 
could be achieved. 


* The influence of preload on bearing life performance 
illustrated a marked increase in life over a substantial 
preload range for the bearing not opposing the applied 
thrust. Use of a smaller bearing in its place represented 
a potential means to conserve design mass and volume. 

This was exploited in later analyses (Section 2.3). The 
Lio lif® for the thrust carrying (life-limiting) bearing 
decreased monotonically with increased preload. 

Results at Level 1 (Isothermal 


* Resulting Lio lives for both straddle and cantilever 
designs illustrated that the proposed lubricant scheme 
precipitated reduced performance at the specified oper- 
ating temperature. Life adjustment factors less than 0.6 
were computed at the roller-race contacts at all shaft 
speeds because of thin films caused by low operational 
lubricant viscosities (and insufficient replenishment 
layer thickness). Film Parameter Ratios, A, ranged from 
0.56 - 1.74 for these contacts over the spc^cified speed 
range. 
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* Tht current tnalysii wit perfomed without tho bonefit 
of »n inttracting thamal analyaif which couplta the 
load support system with its thermal environment. The 
sensitivity of the design performance to preload, coupled 
with the potential for large thermal gradients and high 
heat generation rates predicted by analysis, indicated 
that the interactions of bearing and system generated 
heat sources could have a significant effect on system 
life. 

2.5 Optimization of Taper Support Straddle Design 

These analyses were conducted using the best shaft config- 
uration, straddle mounting of the gear, and the most satisfactory 
load support bearing, the M88000, as defined in previous analyses 
(Section 2.2). A complete systems study, including variations 
in the size of the preload bearing, the value of applied preload, 
bearing center to center distances, shaft -cone fits, and lubri- 
cant flow rates, was conducted to select the best shaft bearing 
design for the application. The runs were completed using 
either a LM11700 or LM67000 series tapered roller bearing at the 
side opposite the axial load direction, i.e. the preload bearing. 
The details of these analyses are contained in Appendix 3 and 
the results are summarized below. 

The analyses were again completed using the load support 
system analysis software SHABERTH. The executions carried out 
at Level 0 were done under the following conditions; shaft 
speed ■ 5744 rad/s, shaft wall thickness • SOt, shaft-cone 
fits ■ line-to-line, temperature ■ 373K. Gear loads were 
specified at 60 or 1001 of the nominal applied gear load. Pre- 
loads ranged from 0-0.2 KN (0-50 lbs.). \n each configuration, 
both bearing centers were held at 38.4 mm from the point of 
load application. The M88000 was employed as the primary load 
carrying bearing since it was known to be adequate. 


The executions at Level 1 (isothermal) used the LM11700 
bearing in the preload position Preloads and gear loads were 
maintained at 0.2 KN and 601 NGL, respectively. The lubricant 
was Santotrac 50. Bearing center -center distance was varied 
from 38.4 to 76.8 mm. Computer runs at Level 1 with the 
thermal option activated also explored a range of shaft fits, 
lino-to-line to 0.01 mm tight, and lubricant flow rates, 0.76- 
3.4 A/min. (0.2-0. 9 gpm) . 
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' The life liniting betring twitches fro* the load carrying 
(MS8000) to the preload position and the systeis Lin life 
increases with the introduction of either the LM6/000 or 
IAI11700 series bearing. The reduction in contact angles 
from 20* in the M88000 to 15.37* and 10.8* in the LM67000 
And LM11700, respectively, enables a substantial reduction 
in the internally generated axial load. This reduced load 
on the load carrying bearing produces the increased 
system Lio life. 


* The effect of preload on the Liq life of each bearing is 
reversed when the LM11700 bearing is employed. The 
reversal in effect exists since the fully-loaded roller 
complement in the M88000 bearing becomes partially unloaded 
when the LM11700 is employed. The life then increases 
with preload since increased load results in the load 
being carried by more of the rollers. 


' No significant change in the magnitude of the gear deflect - 
icAs was exhibited by varying bearing type. 

Results at Level 1 (Isothermal) 

* The addition of lubrication and friction effects to the 
analysis produces a decrease in the lives of both bear- 
ings, i.e. equal to a loss of 600 hours in the critical 
LM11700 bearing. These bosses were attributed to 
to starvation effects at the minimal lubricant flow rate 
assumed for these test cases. It was anticipated that 
the trend would reverse in future thermal evaluations 
conducted with larger lubricant flows, given that the 
bearing temperatures would remain close to the current 
operating values of 373 K (100*C). 


* An increase in bearing separation increases the estimated 
fatigue lives of both bearings. For the critical LM11700 
bearing, the life varies from 1200 hours at a distance of 
38.4 mm to 7200 hours at 76.8 mm. The design constraint 
that the bearings have a 2500 hours Lip life at 601 
nominal applied gear load dictated a minimum bearing 
centerline-to-centerline distance of 45 mm. Previous 
calculations established that gear deflections are main- 
tained within the specified levels using separations as 
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large as 76.8 mm. Therefore, the thermal analyses were 
initiated at a specified separation of 55 mm as a corn* 
promise to minimize mass and maintain acceptable Lin 
life. 

Rmaulta at Loval 1 (Tharmal Option Activated) 

■i.ii. I 


* The limiting system Liq life, that of the LM11700 bearing, 
for a separation of 55 mm, a line-to-iine fit, minimal pre- 
load (44.48 N) and large lubricant flow rate 3.4 t/min. 

(0.9 gpm) was 2300 hours or 92t of the required design 
life of 2500 hours. The Lxo life decreased to 1588 
hours, 631 of the required value, at a flow rate of 
1.5 t/min. (0.4 gpm). 


Subsequent simulations in which the bearing centerline- 
to-centerline distance was increased from 55 mm to 65 mm, 
showed adequate system life. The increase is caused by 
decreased reaction loads at the life limiting LM11700 
bearing. All simulations at 601 NGL and 3.4 t/min. flow 
rate achieved 2500 hours life, regardless of the fit. 

The preload was set at 44.5 N for all executions. 


* Relative location of the gear with respect to the bear- 
ings has a significant impact on limiting Liq life. 
Movement of the gear center 10 mm closer to the location 
of the load carrying bearing, M88000, increased the Lio 
life of the preload bearing, LM11700, from 3779 hours to 
5192 hours, considering the same total bearing separation 
of 65 mm and identical operating conditions. 


Reduction of lubricant flow rate from 3.4 t/min. to 
1.5 t/min. for the previous test cases reduced the limit- 
ing life from 5192 hours to 1694 hours. Increase in 
shaft-cone fits from line-to-line to 0.01 mm tig)it 
reduced the life of the preload bearing from 5192 hours 
to 2501 hours. 


* All executions at 100% NGL showed gear deflection and 
rotations were well within the prescribed constraints. 
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2.4 Analysis of Alternative Shaft Support Con fi£Uft ions 

This phase of the analytical activity evaluated the custom- 
ary designs for the input pinion support system for comparison 
with the tapered support systems. Four specific configurations 
were evaluated each employing a combination of angular contact 
ball bearings and cylindrical roller bearings. The first two 
configurations were straddle arrangements using either a 205 
or 303 size cylindrical roller bearing on one end of the shaft 
and three 205 size angular contact ball bearings on the other 
end. The angular contact bearings were arranged with two in 
the primary axial load direction and one preloaded against the 
pair. The cylindrical bearing only carries radial load. 

The second two configurations employed straddle or 
cantilever configurations with a novel thrust carrying cylin- 
drical (TCC) roller bearing and two 205 angular contact bearings. 
Both angular contact bearings were in the primary axial load 
direction with the preload applied by the cylindrical bearing. 
However » while transmitting power through the gearbox, the 
cylindrical would again only see an applied load in the radial 
direction and the axial preload would be relieved. 

The details and results of these analyses are presented in 
Appendix 4 and summarized below. The operating conditions used 
In the analysis were analogous to those employed in previous 
efforts with the tapered roller bearing systems (Section 2.3). 

One exception was that preloads on the ball and thrust carrying 
cylindrical bearings were specified at 890 N and 445 N, respect- 
ively. Shaft fits also ranged over twice the previously 
specified values, i.e. up to 0.02 mm tight, and temperature was 
selected at 423 K for Level 0 and Level 1 (isothermal) runs. 

Results at Level 0 


* The L]^q lives for both conventional designs and one other 
design were adequate. The design employing a cantilever 
geometry with the thrust carrying cylindrical, exhibited 
poor Lxq life. Misalignment due to excessive deflections 
produced an Lxq life of only 70 hours in the cylindrical 
bearing. 

* Gear deformations at 1001 NGL for the three designs with 
acceptable life were also acceptable. Radial and axial 
deflection for the cantilever TCC configuration exceeded 
the allowable limit (0.025 mm). 
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* The conventional design using a 303 size cylindrical 
roller bearing offered better system Liq life over the 
second version. This configuration and the straddle TCC 
configuration were selected for further study at Level 1 
(isothermal) . 

Results at Level 1 (Isothermal) 

* A significant reduction, >2 to 1, in fatigue life, was 
demonstrated compared with the Level 0 results, i.e. no 
lubrication and friction effects. This decre?«se is 
attributed to the low 03 lubrication related life adjust- 
ment factors, 0.56, associated with a small elastohydro- 
dynamic film. The latter is due to low lubricant viscosity 
at the specified operating temperature of 423 K (ISO^C). 
Lubricant temperatures in the application were expected 

to be significantly lower, *^373 K, so that life reductions 
smaller than those predicted here are anticipated. 


* Interference shaft-cone fits caused a redistribution of 
the load vector; hence the bearing fatigue lives were 
seen to vary with fits. Limiting Lio lives ranged from 
1632 hours to 2290 hours for fits of 0.00 mm to 0.02 mm in 
the conventional design, and from 2157 hours to 3115 hours 
in the TCC design. 


The fits tend to stiffen the system by eliminating the 
operating clearance in the cylindrical bearings. As such, 
the deformations are smaller than previously computed in 
the Level 0 runs, and within the prescribed limits. 


* The relative Lio life performance slightly favored the TCC 
design. Also, this configuration employs 3 instead of 4 
bearings and thus weighs less. This configuration was selected 
for further study at Level 1 with the thermal option act- 
ivated. 

Results at Level 1 (Thermal Option Activated) 


The design TCC configuration exhibits adequate minimum 
Lio life over the specified range of fits, preloads and 
lubricant flow rates, except for the heavier shaft fit 
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case (0.04 mm). At fits of 0.02 mm or less, greater than 
2800 hours Lio life was found for the largest specified 
preload (890 N) at flow rates as small as 0.76 t/min. 


* Deflections/rotations at the gear mesh were well within 
acceptable limits at lOOt NGL. 
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3, Test Bearings 

The test bearings used in the experimental program were 
obtained by the modification of existing standard commercial 
tapered roller bearings. The basic size of the bearings to be 
used and the values of the modified parameters had been selected 
in the early analytical effort described in Section 2.1. 


The bearings utilized in this effort were the M83048/010 
and the LM67048/010 sizes which are standard domestic auto* 
motive bearing deaigna. Theae unite were tranaformed into 
high speed bearing designs through a series of modifications 
identified through past experimental programs. The modifications 
consisted of the following: 

(1) The removal of the small end cone flange to form a land 
riding surface for the cage, and allow the use of a 
machined cage in the assembly. 

(2) The drilling of nine equally spaced holes of 0.89 mm 
(0.035 in.) diameter through this land to deliver 
lubrication directly to the cage-land interface. 

(3) The addition of a large chamfer at the large end bore 
corner of the cone to create a lubricant reservoir 
between the ring and shaft. 

(4) The drilling of nine equally spaced holes from the 
chamfer surface into the large end flange undercut to 
supply lubricant to the flange roller end surfaces. 

The minimum diameter of the breakout of the hole into 
the undercut bottom was specified as 0.80 mm (0.030 in.). 

(5) The replacement of the pressed steel roller riding cage 
with a machined silver plated steel cage. This compon- 
ent was supported on the O.D. of the large flange and 
on the land created at the small cone end. 

The machined cage has a thicker web dimension than the 
normally used roller riding stamped cage. Thus to 
accomodate this change, it was necessary to reduce the 
number of rollers from 19 to 16 in the M88000 bearing 
and from 19 to 17 in the LM67000 bearing. 
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(6) The polishing of the flange surface and roller ends 
to produce surface roughness values ^<0.13 pm AA 
(5 X 10*0 in.) and improve the sphere end profile of 
the rollers. 

The resulting bearing designs were designated as M88000 VAC 
and LM67000 VAC and the basic features of these bearings are 
illustrated in the Customer Drawings included as Figures 1 
and 2. 

Standard production M88000 and LM67000 bearings were pur* 
chased from Tyson Tapered Roller Bearing Division of SKF 
Industries, Inc. These were then modified to the VAC designs 
in the Special Bearing Fabrication Shop maintained by SKF 
Technology Services, and the quality of the finished parts was 
verified against the specified parameter ranges in the Metrology 
Laboratory. Six finished bearings of each size were prepared. 
Later in the program after a numoer of failures had been exper- 
ienced with the original bearings, a second 6 bearing lot of 
the M88000 VAC design was prepared. At this time, the number 
of oil supply holes into the large end undercut was increased 
from 9 to 18 in an attempt to provide better lubrication to the 
flange roller end interface. This design variation is designated 
M88000 VAC-1. 

Partially through the program, it was ascertained that SKF 
Kugel lager Fabriken, GmbH of West Germany was commercially manu- 
facturing increased precision tapered roller bearings for 
specific automotive pinion applications. An M88000 size bearing 
was included in that product line designated as ASIK M88048/2/H/ 
KMOlO/2. A comparison of the product specifications illustrated 
that these bearings were of the same basic design as the stand- 
ard M88000, but the running tolerances, e.g. roundness, 
concentricity and squareness/parallelism, and the surface rough- 
ness tolerances had been tightened. Also closer controls were 
applied to the roller end and flange profiles. All of these 
attributes are desirable for a high speed bearing so SKF decided 
to evaluate these units after the conclusion of the sponsored 
program for comparison with the domestic bearings. Accordingly, 
a sample of these bearings was procured to be modified to the 
high speed design using SKF funds. Once again eighteen lubricant 
supply holes were added at the large end. However, the small 
end holes were deleted from this variation since lubricant was 
no longer supplied to this location in the test rig. Further- 
more, measurement data established that the profiles and surface 
roughness levels existing on the roller end and flange surfaces 
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of the purchased parts was In agreenent with the requirtMients 
of the M88000 VAC design. These surfaces were thus not polished 
but left in the as received condition. New cages were not nade 
for these assemblies i rather it was intended to utilize existing 
cages from the previous test lot. This design variation is 
designated M88000 VAC-2. 

When it became obvious that the original domestic bearings 
would not operate under the intended conditions, these four 
modified bearings were supplied to the program. Following the 
successful performance of those bearings, seven additional 
assemblies were modified to the VAC- 2 design. To conserve 
funds at that point, these seven bearings were also fitted with 
previously tested machined steel cages which had been stripped 
and replated with silver. Five of these bearings were then 
used in the experimental effort and two were delivered to NASA 
for future use. 
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4. Tejt Facility 

To achieve the objectives of the experisienttl portion of 
the program, a test system was required which could test two 
small tapered roller bearings at a variety of speeds up to 
4188 rad/s (40,000 rpm) under various combinations of radial 
and thrust loads. This basic capability was achieved through 
the combination of two existing test systems and the fabrication 
of specific hardware for these test bearings. 

An existing extreme environments test facility provided 
the fundamental services for the test rig. The drive train 
included a 50 HP direct current variable speed motor powered 
via a motor generator set, and a belt driven gearbox speed 
increaser. The gearbox has an 8:1 speed ratio which when coupled 
with the drive pulley ratio of 3.65:1 provides variable test 
speeds up to 4710 rad/s (45,000 rpm). The facility also 
supplied a 94.6 liter (25 gallon) self contained circulating oil 
system for the test lubricant. This system included the therm- 
ally insulated sump, thermostatically controlled electric oil 
heaters, water cooled heat exchanger with a thermostatically 
regulated water flow rate, a full flow 25 ym filter, a supply 
pump and a return oil scavenge pump. 

The existing angular contact ball bearing test fixture was 
removed from the precision base, and replaced with the arbor 
support housing and casting from an existing R2 type high speed 
bearing endurance tester. This assembly provided the precision 
test shaft bearing support surfaces required for a high speed 
shaft. In addition, a dead weight loading arm/fulcrum assembly 
is designed into this unit providing the mechanism for the 
application of radial loads. 

The specific test hardware for this program was designed 
to interface with this composite test system as schematically 
illustrated in Figure 3. The test arbor is mounted horizontally 
in a pair of preloaded angular contact bearings at one end to 
fix the location of the shaft, and a cylindrical roller bearing 
at the other to react the externally applied radial load. 
Precision high speed bearings were employed in all of these 
shaft support locations. The test arbor was driven at one end 
through a flexible quill to the gearbox limiting the transmission 
of vibrations and parasitic forces to the test assembly. 
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The two taptrod roUtr ttat btaringt wara nountad on tha 
far and of tha shaft in a aaparata houaing. Radial load was 
appliad to both baarings through a load link attachad to tha 
daad waight syatam. Axial load waa intarnally ganaratad by 
adjusting tha location of tha cona of tha outboard baaring. Tha 
magnituda of this load was Monitorad with a strain gaga trans- 
ducar on tha spacar batwaan tha cups of tha two baarings* 

Two methods wara amployad to dalivar lubricating fluid to 
the test baarings. Thraa doubla sidad jats wara locatad batwaan 
the baarings to dalivar lubricant into tha small and. Tha nat- 
ural pumping action of tha taparad baaring would than transport 
the fluid through the bearing and out tha larga and. Simultan- 
eously, however, the centrifugal forces move tha lubricant 
flow radially outward against the cup races. Thus lubricant 
supplied in this manner will not lubricate or cool the critical 
flange/roller end sliding contacts. To deliver lubricant to 
these areas, a tube was placed inside the hollow test shaft with 
radial supply holes located to deliver lubricant at the large 
and small ends of both test bearings. Centrifugal forces would 
then pump this fluid through holes in the shaft and bearing cones 
to deliver lubricant directly to the flange roller end interface 
and small end cage riding interface. A flow meter was used on 
the input to both supplies so the total flow provided through 
each system could be monitored. 

Thermocouples were provided on the outer diameter of each 
test bearing to measure the bearing operating temperatures. Lub- 
ricant input and output temperatures were also measured with 
thermocouples. 

Initially, a magnetic probe was mounted near the pitch dia- 
meter of the outboard bearing and connected to a frequency 
counter to allow the measurement of cage speed. Due to the 
thickness and closed confisuration of the large end cage rail, 
the roller ends were not visible to this probe. Relatively 
large indentations were required in the cage rail to trigger the 
counting signal. This process was soon discontinued due to con- 
cern over the potential loss of dynamic balance created in the 
altered cage. 

Photographs of the final test system are shown in Figure 4. 
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S. ExpTtnenfl Eviuatton» 

The original concept for the experiaental portion of the 
program waa quite ainple; each bearing deaign waa to be perform- 
ance teated under five load levela; the lubrication requirementa 
of each bearing deaign were to be eatabliahed via a aeriea of 
flow variation atudiea; and the beat of the two dealgna waa to 
be aubjected to an extended duration teat aequence. 

The actual experimental activity followed a aianificantly 
different acenario. Teating waa initiated on the MiSOOO VAC 
deaign aa planned. However, due to complicationa created by 
deficienciea in lubricant diatribution and by geometrical 
inaccuraciea in the original bearinga, the initial teat aequence 
was protracted. Finally* increased precision M88000 bearings 
were procured from an European SKF source* modified to the VAC 
deaign and subjected to performance tests at three load levela 
and an extended duration test procedure. Due to time and funding 
limitations* testing of the LM67000 VAC bearings was not under- 
taken. 

The basic test procedures that were employed in the conduct 
of these test sequences are described in the subsequent para- 
graphs. Also* the results achieved in each of the test sequences 
are described herein and the actual test data collected are 
included in Appendix S. For the purposes of discussion* the 
test activity has been subdivided into four related groupings; 
these are (1) the checkout and preliminary test sequences* 

(2) performance tests on the original domestically manufactured 
bearings* (3) performance tests on the imported increased pre- 
cision bearings* and (4) the extended duration test sequence. 

5. I General Test Procedures 

The basic procedure utilized for the conduct of a high 
speed tapered roller bearing performance test included the 
following steps. As the rig was being assembled* the position 
of the outboard test bearing cone was adjusted to produce an 
axial preload on the bearings. The magnitude of the preload 
was estimated as that load level thought to produce the desired 
axial loading component at the elevated rig operating temper- 
atures. Concurrently* calibrated weights were added to the 
hanger at the end of the load arm to produce the desired radial 
load component. 

Prior to startup of the test system* the electrical heaters 
in the lubricant sump were activated. After approximately 30 
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minutes when the lubricant had reached its specified temperature 
level, the supply and scavenge pumps were activated to circulate 
the hot lubricant through the test unit. This process was con- 
tinued for an additional 30 minutes to allow the rig components 
to stabilize at an intermediate temperature level prior to 
initiation of the test run. The value of the lubricant supply 
temperature was selected to be representative of that seen in 
helicopter transmission service. Early in the program, the 
level was set at 388K (240*F) which is near the high end of the 
typical service range. Later this value was reduced to S66K 
(200*F), the lower limit of the service range, to improve the 
EHD film conditions in the bearings. 

Operation of the test system was then initiated at low 
speed and slowly accelerated to 523 rad/s (5000 rpm) . Testing 
was maintained at that speed for a minimum of 30 minutes to 
allow thermal stability to be achieved. Test data would then 
be recorded and the speed would be increased to the next level 
where the process would be repeated. In general, the speed 
increments employed were equal to 523 rad/s (5000 rpm). Early 
tests conducted before personnel were totally familiar with 
the test system utilized speed increase increments of smaller 
value and longer running periods were often experienced at 
each level. Later when it was known that problems often 
occurred at speeds between 3141 and 4188 rad/s (30,000 to 
40,000 rpm), increments of 262 rad/s (2500 rpm) were regularly 
employed after reaching this critical region. 

The performai.ee tests were conducted totally under manual 
control and all data was manually recorded from a variety of 
test instruments. During these periods, operators were instructed 
to shutdown the test immediately if (a) a rapid thermal increase 
was noted on any monitored point in the absence of a speed 
increase, (b) a change in rig sound level or pitch was noted, 
or (c) in the presence of any other unexplained incident. Test- 
ing in each series was terminated after accumulating 30 minutes 
of operation at the maximum speed condition, 4188 rad/s (40,000 
rpm) or with a bearing failure. 

The procedure for the extended duration runs was similar 
to that used in the functional testing. The rig was assembled 
and preheated prior to startup as previously described. 

However, after initiating one of these runs, the test speed 
would be gradually increased manually so that 3141 rad/s (30,000 
rpm) would be achieved after approximately one hour. Fifteen 
minutes of operation would then be accumulated at that level 
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and at 3665 rad/a (35»000 rpm) bafora tha taat spaad «rould ba 
incraasad to tha maximum condition. 

Aftar 15 to 20 mlnutaa of unavantual oparation at 4188 rad/s » 
tha control of tha taat ayatam would ba tranafarrad to tha coaiputar- 
izad teat control ayatam. Subaaquantly* tha coaiputar would check tha 
value of each operating temperature and tha axial load at a rata 
approximating once every two aaconda, and coaipara tha laaaaurad 
value againat aatabliahad limlta. An axcuraion in tha level of any 
of thaaa pointa would cauaa tha taat to ba automatically ahutdown 
by the computer. Since tha runa ware only conducted during tha day, 
teat peraonnel would alao periodically check tha rig and taat area 
for any other occurrence which might affect taat oparation. 

The loading conditiona to be uaed in the teat runa were origin- 
ally deaignated aa 60, 100 and 150% of nominal. In thla context, 
the nominal load waa defined aa that load developed on tha moat 
heavily loaded bearing on the pinion ahaft with the gear operating 
at the atated maximum conditiona. Theae load levela, calculated aa 
a portion of the ayatema analyaia, are given in Table 5. It ahould 
be noted that theae valuea were calculated at an early atage uaing a 
ahaft aupported on two equally aized bearinga and without conaidering 
many of the thermal mechanical ayatem interactiona. Aa a reault, 
the loads used in the test program are significantly higher than 
those calculated to exist in the optimized tapered bearing support 
system discussed in Section 2.3 which uses a smaller bearing in the 
preload position and minimizes the magnitude of the internally 
generated system thrust load. 

5 . 2 Checkout and Preliminary Teat Runs 

Prior to the initiation of any of the planned tests, the test 
rig was assembled with standard production M88048/N88010 bearings. 
This process was completed to achieve four specific objectives; 

(1) to check the test rig hardware and verify the assembly of the 
test unit, (2) to develop assembly and disassembly procedures to 
be utilized with the test bearings, (3) to allow the evaluation 
and calibration of the test subsystems e.g. lubrication supply and 
scavenge loops, thrust load application and monitoring, etc. and 
(4) to verify the operational ability of the system at low speeds. 

During this process, it was noted that the axial load applica- 
tion method was lacking in precision. Even with hydraulic pressure 
applied beneath the outboard cone to relieve the heavy interference 
fit, the ring would not move smoothly under the pressure of the 
jacking screws. This created a situation where the preload varied 
stepwise rather than being totally variable. Furthermore, due 
to the nature of the loading mechanism, the magnitude of the 
applied load varied with temperature and was not adjustable during 
periods of running. While these latter points had been foreseen, 
the problem encountered with the load adjustment now made 
it impractical to temporarily suspend testing to reset the load 
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TABLE 5 

Definition of Test Load Levels 


L oad/Bearin£ 


Radial Axial 


Classification 

N 

Ibf 

N 

Ibf 

601 Nominal 

1913 

430 

5106 

1148 

Nominal 

3216 

723 

7041 

1583 

1501 Nominal 

4844 

1089 

9448 

2124 
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level. It wee considered undesirable to reduce the shaft/ 
bearing fit to alleviate the adjustment problem since this 
would Increase the risk of cone spinning at high speeds. Con* 
sidering that the load variations to be experienced would have 
only minor Impact on the objectives of the program, It was 
decided to proceed without altering the test rig design. 

All other checkouts and calibrations were successfully 
completed. The test system was operated for significant periods 
of time at speeds up to 1047 rad/s (10,000 rpm) to familiarize 
test personnel with system behavior. Speeds were limited to 
that level bv concerns about the performance limitations of the 
unmodified cneckout bearings. At the conclusion of these runs, 
the rig was declared to be operational. 

Testing was then initiated on the preliminary performance 
test runs which are summarized in Table 6. In the interests 
of time, the first test run was conducted using cages which had 
not been dynamically balanced. For these early tests, the 
total lubricant flow to the two test bearings was set at approx- 
imately 0.95t/min. (0.25 gpm). This flow was thought to be evenly 
divided between the two test bearings at a flow rate comparable 
to that which might be used in helicopter transmission service. 
This flow was provided from two distinct sources; half was 
delivered through jets directly into the small ends of the bear- 
ings, and half was injected into the hollow test shaft where 
it would be cent r i fuga 1 1 y pumped through four sets of holes into 
the large and small ends of each test bearing. 


This first step speed run, being conducted at a 60t load 
level, was terminated after 50 minutes of operation at a speed 
of 2094 rad/s (20,000 rpm) by an increase in system torque. 

An examination of the test bearings disclosed a 120* arc of wear 
on the large cage bore with a matching wear pattern accompanied 
by transferred silver on the large land of the bearing that 
had been mounted in the outboard tost position. This bearing 
also showed a minor amount of roller end/flange distress. The 
inboard bearing showed no evidence of damage. 

Since the diimage noted was relatively minor, the cage bore 
and land surfaces of bearing I were repolished. The same 
bearings were then remounted on the rig with their positions 
reversed. Run 2 also achieved a maximum speed of 2094 rad/s 
before operation was again terminated by a torque increase. This 
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time bearing *2 had suffered severe roller end/flange distress* 
e.g. wear* smearing and heat discoloration. The condition of 
the inboard bearing* damaged in the original test run* was 
essentially unchanged. 

The premature failure of two bearings in the outboard 
location* coupled with the seemingly successful operation of the 
inboard bearing* indicated that adequate lubricant flow was not 
being provided to the outboard flange supply reservoir. In an 
attempt to correct this situation* two alterations were made to 
the test hardware. A cross cut was made on the inside end of the 
load cap to provide channels to deliver the lubricant directly 
into the flange supply reservoir. Also the internal profile of 
the load cap was altered to feed all of the lubricant entering 
that cavity into the flange supply reservoir. These alterations 
are noted in Figure 5. 

Run 5 was then conducted at 601 load with new test bearings 
and using an increased lubricant flow rate* 0.66 t/min. (0.175 gpn) 
per bearing. These bearings now totally conformed to the M88000 
VAC design containing cages balanced to the specified limit of 
5 gm cm (0.042 in ounces). This test proceeded to a maximum 
speed of 2617 rad/s (25,000 rpm) where operation was promptly 
terminated by a torque increase. Once again the outboard bearing 
had suffered a roller end/flange failure* while the inboard 
assembly showed no signs of deterioration. 

While it appeared that a lubricant distribution problem 
St 'll existed* it was not immediately obvious why this should 
be the case or how it could be corrected. The possibility that 
misalignments produced by shaft deflections were adversely 
affecting the operation of the outboard bearing was also consid- 
ered. To insure that this was not the case* it was decided to 
conduct a test run under pure thrust load. This test run 
utilized used bearings numbers 1 and 4 which had survived the 
previous tests. The axial load was set at 6.7 kN (1500 Ibf) and 
step speed testing was initiated. After 55 minutes of operation 
at 2617 rad/s (25*000 rpm) the outboard bearing suffered a roller 
end/flange failure. It was now established that the lubricant 
being supplied through the hollow shaft was not adequately dis- 
tributed between the two test bearings. 
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It was then considered necessary to directly measure the 
individual flow rates through each of the four snaft supply 
routes, i. e. through the cones of each test bearing at the 
large and small ends. Since this could not be done within the 
normal test arrangement^ a four chamber collection box with a 
drain in each chamber was designed to mount over the shaft with 
the cones in place. This box allowed the direct measurement of 
the individual lubricant flow rates and also the observation of 
the flow process via a viewing port. A series of tests were then 
conducted to establish the lubricant flow balance as a function 
of test speed. The data collected during these tests are also 
contained in Appendix 5 . 

Initial tests were conducted at a total flow rate of 0.49 
t/min. (0.13 gpm) with an elevated supply temperature of 343 K. 
These established that the flows through these four routes were 
relatively well balanced at low speeds. However, as the speed 
was increased, the flow through the outboard bearing flange 
supply holes decreased until at 2617 rad/s (25,000 rpm) , it was 
essentially zero. It was postulated that the problem was created 
by the large volumes of air and fluid pumped by the shaft holes 
at high speed. This pumping efficiency could create a low 
pressure area at the inboard end of the shaft forcing the 
migration of oil from the outboard supply areas to the inboard 
areas. It was, however, not apparent whether this redistribution 
occurred inside of the supply tube, whether oil moved along the 
O.D. of the tube, or whether both situations occurred. An "0" 
ring was placed around the supply tube between the outboard 
bearing large end and small end supply holes, i.e. near the end 
of the shaft, and the distribution tests were repeated to deter- 
mine the effects on the flow balances. It was noted that the 
flow through the outboard supply was improved by this device 
although the rate still decreased with increasing speed. This 
indicated that flow variations were produced inside the tube and 
some lubricant migration also occurred along the exterior of the 
tube. Both of these situations would need to be corrected in 
order to balance the flows. 

For the next test run, the 3 sets of inboard holes in the 
lubricant supply tube were blocked forcing all of the flow into 
the area feeding the outboard bearing flange. A Teflon fllnger, 
shaped to closely conform to the chamfer at the shaft end, was 
located on the supply tube to prevent migration on the tube 
outer surface. Tests were run up to 30,000 rpm and little or no 
lubricant was collected from the three inboard cavities which 
indicated that the f linger effectively sealed this flow path. 

This fllnge; configuration is also illustrated in Figure 5. 
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A series of runs was then initiated to establish the proper 
sizes for the sets of inboard holes to produce a balanced flow 
situation at high speeds. When the first holes were added to 
the inboard end of the supply tube, i.e. below the inboard bear- 
ing flange feed holes in the shaft, it was noted that lubricant 
was pumped out of all three remaining shaft locations, e.g. at 
the inboard flange and at the small end of both cones. Since 
it was impractical to attempt to segregate these three supply 
routes and since the flows were rather equitably divided, it 
appeared that two sets of holes would suffice. The flow rate 
measurements verified the adequacy of this simplification at 
speeds up to 5141 rad/s (50,000 rpm) where the cylindrical load 
bearing supporting the test shaft suffered a skidding failure as 
a result of its unloaded condition. The bearing was replaced, 
but further attempts to exceed operating speeds of 2617 rad/s 
for periods sufficient to obtain flow data were terminated by 
dynamic instabilities. It was decided at that point to continue 
the performance test series using that hole pattern which had 
produced balanced flows at 2bl7 rad/s, i.e. 2 outboard and 2 
inboard holes all of 2.5 mm (0.089 in.) diameter, and using the 
Teflon flinger on the* oil supply tube at the shaft end. 

5.5 Domestic Bearing Performance Tests 

Testing was then resumed as summarized in Table 7. Run 5 
was conducted at "light" loads, i.e. 890 N (200 Ibf) radial and 
5560 N (800 Ibf) axial. The one remaining previously tested 
bear ing. number 4, was used along with one new bearing. Once 
again the lubricant flow rate was increased to 0.95 t/min. 

(0.25 gpm) per bearing. After 45 minutes of operation at 
5551 rad/s (52,500 rpm), the inboard bearing suffered a roller 
end/flange failure. This bearing had been running slightly 
hotter throughout the run, so it was assumed that the flow 
balance was now slightly biased towards the outboard end. One 
of the holes in the inner most set was thus increased in dia- 
meter one drill size, i.e. to 2.5 mm (0.100 inch) diameter. 

Run 6 was also conducted under light loads using one used 
and one new bearing. This time both bearings failed after 
running for 5 minutes at 4188 rad/s (40,000 rpm). While the 
damage to the inboard bearing was somewhat greater, it was 
considered that (a) the flows were now adequately balanced and 
(b) the flange roller end interfaces required a larger lubricant 
flow for reliable operation. At this time, the number of lub- 
ricant supply holes through the bearing at the flange undercut 
was increased from nine to eighteen to allow an increased flow 
rate and an improved radial distribution of the flow to this 
critical area. 
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Test run 7 utilized two new bearings with the increased 
number of holes, i.e. M88000 VAC*1, and the lubricant supply 
rate was increased to 1*56 t/mln ( 0.41 gpm) per bearing by 
increasing the flow through both sources. This run, also con* 
ducted under light loads, was terminated by the failure of the 
inboard bearing after 30 minutes of operation at 366S rad/s 
(3S,000 rpm) . 

Testing was temporarily suspended at that point to allow a 
comprehensive review of the results achieved. In addition, the 
N88000 VAC design was analytically compared to a similarly sized 
experimental tapered roller bearing which had run successfully 
at speeds up to 8378 rad/s (80,000 rpm) under light loads [10| , 
and a special thrust carrying cylindrical roller bearing which 
supported extremely high loads at 2250 rad/s (21,500 rpm) (5). 
These studies indicated that the values of the critical flange 
roller end parameters, i.e. sliding speeds, stress levels, heat 
generation rates, etc., in the M88000 VAC bearing at maximum 
operating conditions were not significantly different than those 
successfully achieved in the previous test programs. It was 
concluded that if the flange roller end contactscould be 
adequately lubricated, the current bearing would operate at the 
targeted conditions. 

Before running any more performance tests, it was consid* 
ered necessary to affirm the flow balances in the speed range 
between 3665 and 4168 rad/s where the failures were being exper* 
ienced. To allow operation at these high speeds without an 
externally applied load, the cylindrical roller bearing support- 
ing the arbor was replaced with an angular contact ball bearing. 
This latter bearing was preloaded against the duplex pair at the 
other end of the shaft by a preformed washer spring. Unfortun- 
ately, the selection of this replacement bearing was limited by 
j the existing rig envelope and by the stock of commercially 

i available precision bearings. The only precision ball bearing 

‘ available in this size contained a phenolic cage which fills the 

majority of the volume between the rings. This design coupled 
j with the design of the shaft support hardware made it impossible 

) to reliably lubricate and cool this bearing at speeds in excess 

of 3141 rad/s (30,000 rpm). Again it was undesirable to alter 
1 the basic design of the system since the cylindrical roller 

I bearing would need to be reincorporated to finish the tapered 

roller bearing test series. Maximum test speeds were once again 
1 limited for the lubricant distribution runs. 
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While extensive running could not be accuMulated in the 
high speed ranges, the brief runs achieved did illustrate the 
existence of a severe flow distribution problem. As illustrated 
in Figure S, the holes in the supply tube were aligned with holes 
in the shaft to deliver lubricant to the large end of 
each test bearing. It was noted that at the higher speeds, a 
large amount of the lubricant intended for dte flange of the 
inboard bearing was actually being diverted further outboard and 
pumped through the holes at the small end of tho two cones. 

While the sharing of this supply had existed at lower speeds, 
the distribution had been fairly reasonable for the experimental 
objectives. However, at these higher speeds the amount of lubri- 
cant being supplied to the flange had been drastically reduced. 
This occurrence explained the most recent failures at the flange 
roller end interface of the inboard bearing. 

A dual approach was selected to rectify this recurring 
problem. First, it was decided to simplify the overall flow 
distribution problem by eliminating the through race lubricant 
supply to the small end of the bearings. This could be 
accomplished without risk to the test effort since jets already 
existed to supply lubricant to this location. All effects of 
this supply route were eliminated by using a supply tube with 
only two delivery locations and by plugging the existing holes 
through the test shaft. The second change was the relocation 
of the inboard delivery location in the supply tube. In lieu 
of supplying the lubricant radially under the location of tho 
inboard shaft holes, the lubricant was injected axially onto the 
end of the hollow recess inside the shaft. It was reasoned that 
the lubricant would then be forced to migrate outwards to the 
shaft holes where it would be pumped into the bearing at the 
desired location. These modifications are also noted on Figure S. 

Following the completion of the hardware modifications, flow 
balance tests were completed with the results shown in Figure 6 . 
At a total through shaft flow rate of 1.13t/min. (0.3 gpm) , the 
average rate utilized in the previous tests , the flows were 
balanced to within IH at the worst case. When the total flow 
rate was increased to l.69t/min. (0.5 gpm), a value projected 
for use in future tests, the balance was significantly worse at 
the low end of the speed range, but converged to a 131 variation 
at the high end, i.e. 3141 rad/s (30,000 rpm) . While this vari- 
ation was greater than one would intuitively desire, it did seem 
to provide adequately balanced lubrication for testing purposes. 
Additionally, it did not appear from the illustrated trends that 
operation at higher speeds would severely alter the existing flow 
balance. This configuration was accepted for use in the contin- 
uation of the performance test series. 
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Testing was resuned using two new VAC*) bearings at light 
loads, 871 N (196 Ibf) radial and 5247 N (750 Ibf) axial. Since 
the completion of test 7, larger drain holes had been added to 
the test hardware and the scavenge system had been improved to 
allow the use of increated lubricant flow rates. For this test 
run, the lubricant supply was increased to 1.1 t/min. (0.5 gpm) 
through each source, i.e. jets and through shaft, for each test 
bearing. Testing proceeded to 5665 rad/s (55,000 rpm) without 
incident. At that level, fluctuations were noted in the gener- 
a*-ed audible noise level as well as in the apparent magnitude 
of the axial load. After 10 minutes of operation, the cage in 
the outboard bearing failed. This was the first time that a cage 
failure had been experienced in the program. Given the condition 
of the retainer, one missing rib and three others severely 
cracked, it was suspected that this might have resulted from a 
material or heat treatment deficiency. However, this could not 
be verified by metallurgical analysis. 

The test system was again reassembeld using two used VAC-1 
bearings that had remained in satisfactory condition. Testing 
was conducted at the 601 load using lubricant flow rates of 
0.8 t/min. (0.2 gpm) through the jets and 1.1 t/min (0.5 gpm) 
through the shaft for each test bearing. This time the inboard 
bearing suffered a flange roller end failure after 60 minutes 
of operation at 5141 rad/s (50,000 rpm). Photographs of the failure 
mode, which is typical of that experienced in the early tests, are 
shown in Figure 7. However, it can also be seen that the race 
contact patterns on this bearing were not centered and were dis* 
torted. This condition would not be expected to occur considering 
the applied loading conditions. 

The results of the testing conducted up to this time 
strongly suggested that the tolerance ranges utilized for 
commercial automotive wheel bearings were not sufficient to sus* 
tain continued high speed operation. Testing was thus suspended 
on the domestic commercial bearings. 

5.4 Imported Beari »* g Performance Tests 

Sometime earlier it had been discovered that the German SKF 
company manufactured a line of increased precision tapered roller 
bearings for automotive pinion applications. Since the M88000 
series was included in this line, a sample had been obtained and 
modified to the VAC*l design. The experimental evaluation of 
these M88000 VAC-2 bearings was now undertaken as summarized 
in Table 8. 
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rigure 7 

Typical Failure Mode as Seen on Test Rearing 



Overall View of Bearing: Severe Heat Discoloration 
and Smearing on Roll F.nds and Flange 
(Note Offset l.oad Pattern on Cup and Cone Races) 
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Run 10 was completed at the 60t load level using the first 
two new VAC-2 hearings. MlL-L-23699 lubricant was originally 
supplied to each bearing at a rate of 0.8 t/min. (0.2 gpm) through 
the jets and 1.1 t/min. (0.3 gpm) through the shaft. During 
the run, the former flow rate was increased to 1.1 t/min. (0.3 
gpm) and the latter to 1.9 t/min. (0.5 gpm) to minimize bearing 
operating temperatures and provide maximum lubricant films on the 
critical surfaces. Step speed testing continued until 30 
minutes of operation were successfully accumulated at 4188 rad/s 
(40,000 rj>m) . During the conduct of this test sequence, it was 
obvious that the noise and vibration levels generated by these 
bearings were much improved over that of the previous test lot. 
Post test examination of the bearing components established that 
all of the contact surfaces remained in excellent condition. 

In fact, it was difficult to discern any visible signs of contact 
even using magnifications as great as 30X. The post test condition 
of one of these bearings is illustrated in Figure 8. 

Run 11 was subsequently run under lOOt load conditions using 
two new VAC-2 bearings. Initially, lubricant flows were main- 
tained at the levels used in Run 10 and then slightly increased 
during the test to 3.2 t/min. (0.85 gpm) per bearing. Again 
the maximum speed of 4188 rad/s was successfully achieved in two 
separate test sequences and a total of 75 minutes of operation 
were accumulated at that level. Once again the bearing components 
remained in excellent shape as illustrated in the photographs 
contained in Figure 9. 

Run 12 was completed using two new VAC-2 bearings under the 
1504 loading conditions. These hearings, as well as all of the 
remaining bearings used in the program, contained used cages 
which had been stripped and replated with silver. Lubricant 
flow rates were maintained at previously utilized levels. This 
time the inboard bearing suffered a flange roller end failure 
after 15 minutes of operation at 3403 rad/s (32,500 rpm) . The 
condition of this bearing is shown in *^ij*ure 10. 

Throughout Run 12 this inboard bearing had been running 
slightly hotter,'^4®C, than the outboard bearing. While this 
difference is not highly significant, it and the failure occur- 
rence again raised doubts about the flow balance through the 
shaft. It is recalled from the data shown in Figure 6 that 
there was an apparent relationship between total flow rate and 
flow balance. Since the last flow balancing process, the total 
shaft flow rate had been increased from 1.9 t/min. to 3.8 t/min. 
to minimize bearing operating temperatures. 
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A rough check on the existing balance was obtained 
bv monitoring the scavenge rates from both ends of the test 
chamber. The rig was reassembled with one new and one used 
VAC* 2 bearings and the step speed test was repeated using the 
conditions of Run 12. Fifteen minutes of successful operation 
were achieved at a speed of 3141 rad/s (30,000 rnm) while the 
flow balance measurements were made. These checks illustrated 
that most of the increased flow was going to the outboard bearing 
while the flow rate to the inboard bearing had remained 
essentially unchanged. The hole at the end of the tube was again 
slightly increased in size to improve the flow distribution. 



f 



] 



Before a total flow balance could be achieved, a technical 
redirection changed the test lubricant from MIL*L*23699 synthetic 
turbine engine lubricant to Santotrac 50, a synthetic fluid 
developed for its traction capabilities. After cleaning out the 
lubrication system and changing the fluids, a step speed test was 
repeated at the 1001 load condition to evaluate the new test 
lubricant. Run 14 was conducted using the bearings that had 
been on the rig for Run 13 and previously established lubricant 
flow rates. Once again 60 minutes of successful operation were 
achieved at maximum speed, 4188 rad/s, without difficulty and 
the bearings remained in excellent condition. The measurement 
of scavenge flows indicated that a significant flow imbalance 
still existed at the maximum speed condition with the outboard 
bearing receiving approximately twice as much lubricant as the 
inboard bearing. However, given the overall success of the two 
runs conducted at the 1001 load level and considering the exist* 
ing time constraints on the program, it was decided to overlook 
this problem, and to proceed with the lor.g term test run. 

5. 5 Extended Duration Test Runs 

The extended duration test sequence was conducted with the 
objective of achieving 50 hours of operation at the maximum speed 
level of 4188 rad/s (40,000 rpm) under a lOOt nominal load, i.c. 
3.2 kN (723 Ibf) radial and 6.6 kN (1483 Ibf) axial per bearing. 
Lubricant flow rates were maintained as before, i.e. average 
rate per bearing of 1.1 t/min. (0,3 gpm) delivered through the 
jets and 2.2 t/min. (0.6 gpm) supplied through the shaft. This 
test utilized those bearings previously tested in Runs 13 and 
14 while the outboard bearing had additionally been used in 
Run 12. 
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The test was composed of a series of day long runs 
conducted following the procedure outlined in Section S.l. The 
running time accumulated prior to reaching the maximum test 
conditions was not considered as a portion of the actual test. 

A summary of the seven completed test sequences is shown 
in Table 9 while the data collected are contained in Appendix ' . 

The initial test hours were accumulated without incident. 
Then on the second day» after approximately 6 hours of running 
time had been accumulated, testing was interrupted by a load 
bearing failure. After repairing the shaft and replacing the 
cylindrical bearing, testing was resumed. A check of the oper* 
ating parameters af:er test resumption indicated that there 
had been no significant change from those existing prior to 
the failure. Testing was therefore allowed to continue. No 
further incidents were experienced for an additional 23 hours. 

At that time, problems with the computer monitoring system pre- 
cipitated a number of unexplained rig shutdowns. This problem 
was subsequently corrected and testing was again resumed in a 
normal fashion. After approximately 2 more hours of uneventful 
operation, the line supplying lubricant to the inside of the 
shaft, i.e. to the flange roller end interfaces of the test 
bearings, failed. Although the test control computer shut the 
power off to the rig as soon as the cup temperatures increased, 
the thermal lag in the bearing systems and the tester inertia 
resulted in the two test bearings being damaged. A total oper- 
ating time of 31.1 hours had been accumulated prior to the fail- 
ure. 

The post test inspection of the bearings found evidence of 
severe wear, smearing, and heat discoloration on the roller end 
flange contact surfaces of the outboard bearing. This damage 
had subsequently precipitated a failure of the cage and the 
ultimate destruction of the bearing components. The inboard 
bearing was not damaged to the same degree; the flanges and 
roller ends showed evidence of slight smearing and wear, but 
the contacts had not yet turned blue. The conditions of both 
bearings are illustrated in Figures 11 and 12. 

In addition, the visual examination of the inboard bearing 
cone disclosed a pattern of short cross groove marks at approx- 
imately the center of the race surface. Higher magnification 
study of these indications conducted using the scanning electron 
microscope established that these were skid marks, most likely 
produced at the time of failure. An SEM photomicrograph of one 
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Through Shaft Lubricant Supply Line Failed 
Outboard Brg. (*15) Seized 




Lij*htly Smeared Roll Hnds 


Smeared I'lanne Surface 
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of thene narks Is containod In Figure 15 « !t was also noted 
during this exanination that the cone race had a frosted appear* 
ance which is normally associated with the existence of an 
inadequate lubrication condition. SFM examination of the sur- 
face subsequently confirmed that the race was covered with an 
extensive pattern of microspalling as would be expected if the 
lubricant film had been inadequate. A photomicrograph of this 
condition is also shown in F. Mire 15. The experimental program 
was terminated at this point. 
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Scanning Electron Photomicrographs of Features 
Seen on Test Hearing «I7 
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6. Dlicu»«ion of Re»ult» 

6.1 Priwry Analytical Re»ult» 

The prelininery load support system analyses which used 
pairs of commercially available hearings; the M88000 and 
LM67000 series, demonstrated that neither bearing type provided 
a completely satisfactory design with respect to the constraints 
on bearing rating life and available housing space. The M88000 
series bearing, the larger of the two, was ludged to be the best 
suited candidate since it afforded acceptable bearing rating 
life, although it was too large for the available space. 

The first effort to define an optimal shaft configuration 
using a pair of M88000 series tapered roller bearings revealed 
that straddle arrangements are preferable to cantilever arrange* 
ments. The straddle configuration consistantly yielded larger 
Lj,^ lives for the same system mass. 

Additionally it was noted that the capacity, and therefore the 
size, of the bearing not opposing the applied thrust load could be 
reduced. The Lio life of this bearing exceeds the accepted value, 
2500 hours at 601 NGL, with the proper adjustment of the preload. 

The subsequent analytical ef fort, directed at selecting an 
optimum straddle design, used an M88000 bearing to carry the 
applied thrust load and a smaller taper for preload purposes. 

Two (2) bearing types, LM11700 and LM67000, were considered for 
this location with the former being selected through parametric 
studies. This shaft configuration was found to perform within 
the design constraints, provided that a higher than specified 
lubricant flow rate is supplied to the small LM1170J bearing to 
enable sufficient heat removal. A value of 3.4 i/min. (0.9 gpm) 
is recommended. Also it is necessary to maintain . .ifficient 
bearing spacing and a value of 65 mm (bearing centOT*center) is- 
suggested. 

The final portion of the analytical activity eval’iated more 
customary designs for the input pinion support system. These 
arrangements employed a cylindrical roller bearing at one end 
of the shaft and a stack of angular contact ball bearings at the 
other. Four specific configurations were evaluated. 
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Ultimately an optimal candidate; a straddle arrangement 
with a thrust carrying cylindrical bearing opposed by a pair of 
angular contact ball bearings, was selected. This configuration 
was analyzed to quantify the effects of preload* fits* lubricant 
flow rate load distribution and percent gear load on bearing 
fatigue lives and gear deformations. It was concluded that for 
the prescribed load and speed conditions* wherein the thrust 
carrying capability of the cylindrical roller bearing is used 
primarily to carry preload* the design exceeds the specified 
criteria for the application. It is* in fact* slightly superior 
to the optimal tapered bearing design considering svstem Lj. life 
and gear deflections. 

6.2 Primary Experimental Results 

The test results demonstrated that the special pinion 
quality tapered roller bearings which have been modified for 
high speed operation* can run successfully for extended periods 
of time at the maximum design conditions of an input pinion 
shaft for a proposed helicopter transmission. The M88000 VAC-2 
bearing repeatably achieved stable operation at speeds of 4188 
rad/s (40,000 rpm) , a DN level of 1.3 x lOb, under loads 
originally calculated to be 1001 of the gear load generated on 
the most heavily loaded bearing at maximum torque conditions* a 
bearing C/P level of 6. A total of 33.35 hours of operation 
were accumulated under these conditions without difficulty prior 
to the ultimate failure of the bearings. This failure war 
caused by the fracture of a lubricant supply line, and does not 
detract from the successful performance of the bearings. 

One of the objectives of this effort had been to sustain 
operation at an overload condition equal to 1501 of the generated 
gear loads. The one attempt which was made to roach these con- 
ditions produced a bearing failure. However* it is known that 
the rate at which lubricant was supplied to the critical roller 
end flange contacts of the failed bearing* was less than desired 
during that test run. With an adequate flow of lubricant, this 
bearing might well have survived without damage as did the com- 
panion bearing. 

Moreover, it can be noted that the actual test loads utilized 
in these sequences were excessive when viewed from a practical 
standpoint. The test load levels were established during an 
early analytical phase which utilized a symmetrical shaft support 
system. A substantial portion of the bearing loads seen on a 
shaft supported by two tapered roller bearings, is internally 
generated. The use of two M88000 bearings on the pinion shaft 
results in large internal thrust levels producing relatively high 
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bearing loads for specified gear loading levels. Subsequent 
analytical %K>rk conducted on a more optimal shaft support system 
employing a smaller, reduced angle bearing on the end opposite 
the gear generated thrust direction, produced significantly 
lower bearing load levels. For example, the equivalent radial 
load, i.e. that load used for life calculations as defined by 
Industry Method [17], for the most heavily loaded bearing in 
the latter case at the 100% gear loading condition, is only 65% 
of the 100% test level. Assuming that this same trend would 
exist at the 150% level, it can be seen that the test loads 
designated as 100% are comparable to those which would most 
likely exist at the 150% torque condition in a practical trans** 
mission. Thus, it is reasonable to consider that the M88000 VAC-2 
bearing meets all of the stated performance requirements of the 
application. 

The other major bearing design parameter was fatigue life. 

The experimental program provides no information as to the 
ability of the M88000 VAC-2 bearing to achieve this specification 
since life data were not accumulated in this effort. 

Concurrently, the test activity also demonstrated the limita- 
tions of the standard tapered roller bearings which are manufactured 
for current automotive applications. Even when modified to in- 
corporate high speed bearing features, these M88000 VAC and VAC-1 
bearings repeatably failed to achieve speeds in excess of 3141 
rad/s (30,000 rpm) , a DN level of 1.0 x 10”, under loads at the 
60% level, a bearing C/P of 8. This poor performance was often 
related to inadequate lubrication, but the trend continued 
even when lubricant supply rates were used that later yielded 
successful operation with the pinion quality bearings. In 
addition, the operation of these bearings at high speeds, i.e. 
in excess of 2094 rad/s, was accompanied by relatively high 
noise and vibration levels. The combination of all these factors 
leads t^ the conclusion that the overall quality level of these 
bearings is not sufficient to allow their use in high speed 
applications. 

The data collected during the performance test runs using 
MIL-L-23699 lubrication were evaluated to determine the effects 
of operating conditions on performance parameters. Figures 14 
and 15 illustrate the variations produced in the temperature 
differential existing between the lubricant supply and bearing 
operating temperatures as speed and load are varied. The changes 
in temperature produced with increasing speed. Figure 14, seem 
to show a tendency to level off between the speeds of 1000 and 
2250 rad/s. While the existence of this band might imply an inherent 
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thermal stability of the assembly at those conditions, the 
increases experienced above that range are not excessive enough 
to be of concern. The temperature changes produced by varying 
load, Figure 15, Illustrate a significant increase between the 
100% and 150% loading levels. These data would imply that the 
latter load level is somewhat excessive for the bearing in 
question operating at these high speeds. 


The data from the same runs were also used to approximate 
the bearing heat generation rates. These calculations only 
considered the heat rejected into the lubricant and were completed 
using the following formula! 


where 


0 


M Cp at 

0 > Heat Absorbed by Lubricant 

M - Lubricant Mass Flow Rate 

Cp * Specific Heat of the Lubricant, and 

At - Change in Lubricant Temperature 
passing through the Test System 


The results of the calculations are shown in Figures 16 and 17 
as functions of both speed and applied load. The trends Illus- 
trated ire essentially identical to those seen in the operating 
temperature data. Once again, a major increase is noted between 
the 100 and 150% loading conditions. T^ts increase further 
establishes that the experimental 150% load level is excessive 
for these bearings. Again it should be recalled that the test 
loads used are significantly greater than the loads calculated 
for the optimal tapered bearing shaft configurations. Thus 
this result does not alter the projection that the M88000 
bearing will perform at a 50% overload condition in the application. 
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During some of the early test runs measurements were taken 
to determine cage rotational speed. Figure 18 shows a graph of 
cage speed as a function of shaft speed at test speeds up to 
2617 rad/s (25,000 rpm) . These data indicate that the ratio 
between speeds is relatively constant at a value approximately 
0.433 over the entire range. The sensitivity of the measuring 
apparatus was attenuated by speed effects and the silver plating 
on the cage. As a result at high speeds, the signal level was 
not sufficient to reliably accumulate cage rotational speed data. 
Increased signal strength could have been achieved by removing 
the silver plate from the discontinuities in the cage face and 
enlarging them. However, this approach was rejected since there 
was concern about biasing the dynamic balance of the cage. Also 
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it was known from othsr tssts conductsd yith largor tapered 
roller bearings at speeds up to 2.4 x 10” DN {181 « that the 
ratio of cage to shaft speeds had remained consistent to within 
1%. It would be expected that the same trend would exist in 
these tests. These measurements were thus discontinued. 


A comparison of bearing performance characteristics was 
also made considering the effects of the two lubricants, i.e. 
Mil-L*23699 and Santotrac 50. Figure 19 compares the bearing 
operating temperature rise for the step speed runs made with 
each lubricant under 100* load. This illustrates that at speeds 
in excess of 2500 rad/s bearing operating temperatures are some- 
what higher with the traction fluid. The maximum variation 
noted was a 171 increase experienced at the maximum operating 
speed of 4188 rad/s. The experimental heat generation rates 
for these runs are shown in Figure 20. These curves illustrate 
that below speeds of 3500 rad/s (33,700 rpm) the traction 
fluid produces a lower heat generation rate than does the 
Mil-L-23699 lubricant. However, above that speed the trend 
reverses and the heat generation rate achieved with the traction 
fluid a|>pears to increase quite rapidly. At the maximum speed 
condition the difference in these two values is 251 of the 
lower value. 


At the conclusion of the extended duration run, it was 
observed that the race surface of the inboard cone contained a 
visible degree of lubrication distress. This was comprised of an 
extensive pattern of microspalling, visible only using the SF.M, 
that produced the classical "frosted" appearance during optical 
examination. The existance of this condition would be expected 
to precipitate premature spalling failures in the application 
not allowing the full fatigue potential of the bearings to be 
realized. The calculated EHD film parameters, ^ , at the inner 
ring-roller contacts for this application are only 1.3 at 604 
load and 1.0 at 1004 load. These are definitely in the range, 
i.e. A <2, where lubrication distress would be expected to occur. 
It would thus seem obvious that if the specified fatigue life 
of the shaft support bearings is to be realized, the viscosity 
of the lubricating fluid must be increased, the operating tem- 
perature of the transmission must be reduced or a combination of 
the two achieved to provide a more satisfactory lubricating 
condition. 
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Conclulions 


1. ThsriMMMchanlcal systMi analyMS hava danonatratad that 
aiaplifiad support syataaiB aMploylng taparad rollar baar- 
inga can ba auccaaafully uaad on tha spiral baval input 
pinion shaft of a proposad coomarcial halicoptar trans- 
Mission. Dua to a raduction in tha nuiabar of conponants 
raquirad, thasa altarnativa baaring configurations offar 
potantial for raductions in systan cost and %raight as 
wall as improvamants in systam raliability and maintain- 
ability. 

2. Tha optimisad taparad rollar baaring shaft support systam 
utilisas a straddla configuration with a M88000 sarias 
baaring in tha load carrying position and an LMl 17000 
sarias baaring in tha praload position. Thaoratically , 
this configuration excaada tha dasign raquiramants for 
baaring Ufa and shaft stiff nass astablishad for tha 
application. Howevar, thasa rasults wara achiavad by 
altarlng soma of tha original transmission dasign con- 
straints) namely by increasing tha allowable outer 
diameter of tha load carrying baaring, extending tha 
length of tha pinion shaft, and increasing tha lubricant 
flow raquiramants to tha bearings. 

3. Experimental rasults demonstrated that an automotive 
pinion quality M88000 taparad rollar baaring modified 
for high spaed operation can successfully operate under 
tha maximum load and spaed conditions anticipated in tha 
transmission. Furthermore, it is probable that this 
good performance was achiavad under loads equivalent to 
a 150% overload condition using tha optimized taparad 
bearing shaft configuration. 

4. Successful long term operation was also achieved with 
the same tapered roller bearing at maximum design 
conditions for an extended test period in excess of 30 
hours. This result establishes the long term performance 
potential of the bearing although it is insufficient to 
insure that the fatigue potential of the bearing can be 
realized. 

5. The experimental evidence supports the theoretical 
concern about the inadequacy of the elastohydrodynamlc 
lubricant films in the bea,.ing. Extensive microspalling, 
probably caused by inadequate lubrication, was noted on 
the race surfaces at the conclusion of the extended 
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duration tost. This condition would bo oxpootod to 
procipitoto tho proMoturo spoiling foiluro of tho 
booring rings if unoorrootod. 

€• Thooroticolly, tho shaft support configuration incor- 
porating tho thrust carrying cylindrical roller boaring 
aa a pro load boaring offers porfonMneo advantages over 
tho optiaiiod tapered roller bearing aystoa in this 
application. However, this is a three bearing aysten 
rather than the t«fo bearing configuration provided with 
the tapered roller bearings. Furthenwre , morm 
experiSMntal experience is required with this novel 
bearing design before it could be recossMnded for use in 
this helicopter transsiiosion. 
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8. Aaco— ndationi 

Both tho analytical and axpariaantal portions of thia 
proqraa have indicated that taparad roller baaringa have the 
basic capabilities required for use on the input pinion shaft 
of the proposed helicopter transaission. The use of these bear* 
ings offers a nunber of advantages over current systesw* i.e. 
reduced cost and weight# iaproved aaintainability# etc. so it 
would be recosnended that the further dovelopsant of this 
shaft support systen be pursued. 

There are a nunber of activities currently seen as necessary 
in this continued developnent process. The first is the con- 
tinued optinisation of the tapered shaft design. Xt was not 
possible to address all of the potential dimensional variations 
in the analysis completed in this program. Concurrently# it 
was also indicated that parameters other than those examined 
could have a dramatic effect on overall systen performance. For 
example# it was seen that varying the distance bet%reen the gear 
and the primary load carrying bearing even when holding the 
bearing spacing constant# would produce changes in the performance 
of the straddle configuration. The optimisation of this and 
other variations should be addressed in further analytical 
evaluations. 

In addition# the current project demonstrated that tira 
potential lubricant related problem areas exist. The first of 
these is achieving sufficient lubricant flow rates directed to 
the proper areas# i.e. races and flange# to provide the necessary 
cooling of the bearing components. Secondly# it is seen that 
the lubricant film thicknesses generated within the bearings are 
inadequate for the reliable protection of the contact surfaces. 
These factors should be stitdied in a combined analytical- 
experimental effort aimed at optimising the lubricant flow 
parameters and achieving satisfactory fluid films in the bearings. 

Once these investigations have been successfully completed# 
the results can be utilised to construct an optimal tapered 
roller bearing supported input pinion shaft system. This assembly 
should then be subjected to a series of experimental evaluations 
in a full scale transmission to verify the perfonaance of the 
bearings in the actual application. 

The analytical results also established the potential of a 
thrust carrying cylindrical roller bearing for use in this 
helicopter transmission. A thrust carrying cylindrical roller 
bearing offers advantages in high speed applications since the 
magnitude of the flange loads are not affected by the magnitude 
of the applied radial loads or the magnitude of the centrifugal 
forces as they are in a tapered roller bearing. While this 
program only considered the thrust carrying cylindrical as a 
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preload bearing not carrying axial load at operating conditions, 
past work has deaonstrated, both analytically and experiaentally , 
that this novel bearing design can be enploved as the primary 
load carrying bearing on the input pinion shaft of a current 
generation helicopter transmission [S]. It would be recosmended. 
therefore, that this design be analytically evaluated in the load 
carrying position on the current input pinion shaft. If the 
results of this preliminary evaluation are again positive, a 
combined analytical-experimental program should be undertaken 
to optimize the shaft support system, and to verify the perform- 
ance of the bearing under anticipated transmission operating 
conditions in a test stand environment. 
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DEVELOPMENT OF A SMALL BORE . 
HIGH SPEED TAPERED ROLLER BEARING 

BEARING-SHAFT SYSTEM ANALYSIS 


INTRODUCTION 

Adviinces in helicopter transnission design are obtained 
by the successful maxinization of power transnitted through 
hardware of minimum volume and mass. As the volusie of the 
design envelope decreases, higher speeds and loads are imposed 
on components of the system. With the higher power densities 
processed by material volumes of lower mass content, reliable 
and predictable performance of components within the system 
becomes crucial. 

Several modules in existing transmissions, the planetary 
reduction set and the input pinion for example, h.we to be 
redesigned to achieve performance advances for the complete 
system. The most critical is the input pinion which serves 
as the first link between the high speed power plant input 
and the low speed mast rotor output. 

Input pinions have been designed customarily as load 
support systems where a shaft is supported by a series of 
rolling element bearings which in turn straddle a central 
gear. Typically, a cylindrical rolling element bearing is 
located at one end of the shaft and a stack of angular con- 
tact ball bearings supports the other. These designs take 
advantage of the high, line contact load carrying capacity 
of the cylindrical roller bearing and the axial displacement 
control of the ball bearing stack. 
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The advanced transmission system requirements noted above 
have promoted investigation of alternate load support configu* 
rations [1). Specifically » use of the tapered rolling eleMnt 
bearing has seen increased attention. This is due to this 
bearing's ability to support larger loads for a given design 
envelope and mass penalty. Several investigations have revealed 
the potential present if careful attention is devoted to design* 
cooling and lubrication at the higher speeds desired (2»3,8*11). 

The material which follows describes the design/analysis 
methodology and results obtained in developing an input pinion 
supported by high speed small bore tapered-roller bearings. 

The report documents efforts expended at evaluating the relative 
merits of designs where the gear of the shaft is supported In 
both straddle and cantilever configurations. The role played 
by this effort is seen by more detailed examination of the 
complementary analytic-experimental scope of the complete 
program. The specific tasks were: 

I. Bearing-Shaft System Analysis 

II. Bearing Design Analysis 

III. Test Bearing Preparation 

IV. Test Facility Preparation 

V-A. Step Speed. Load Spectrum Tests 

V-B. Lubrication Optimization Tests 

V-C. Repeatability Verification Tests 

V-D. Testing of Second Bearing Design 

V-E. Extended Duration Test 

VI. Definition of Second Generation 
Bearing Design 

The analytic portion of the program (Task I) evaluated the 
performance of and recommended preliminary designs for a support 
system, consisting of a shaft and two tapered-roller bearings. 
These results were used in conjunction with those from the 
analytic study performed in Task II to select the best candidates 
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fron two **of f'the'tholf" boaring detigns. Thoao boaringa woro 
then Modified to provide aircraft type tapered-roller bearings 
for use in the subsequent test phases (Task V). The analyses 
executed will help define critical paraneters for the conputer 
evaluations of the second generation custon bearing design (Task VI). 

SHABERTH (4], a coaputer program designed to perforn therno* 
mechanical analyses of arbitrarily configured bearing-shaft 
systems, was employed to analyze competing design concepts. 

The effects of preload, intt^rference fits, shaft wall 
thickness, bearing spacing and type as well as position of the 
pinion gear were explored. System rigidity and bearing rating 
lives including the detailed simulation of bearing and shaft 
elastic deformations were evaluated for both support geometries. 

The results were used to specify preliminary designs for a 
straddle and cantilever support configuration. 

PRELIMINARY DESIGNS 

The recommended designs for the straddle and cantilever 
configurations are shown schematically in Figures 1 and 2, 
respectively. The system pei ..ormance characteristics for a 
line'to'line condition at zero preload and 601 of the applied 
gear load are also tabulated. Suggested values for the inter* 

Terence fits between the inner ring and shaft and the outer 
ring and housing arc .01 mm and O.mm, respectively. Preloads 
at these fits should not exceed 43.1 N and 33.1 N for the straddle 
and cantilever designs to allow adequate bearing life. These two 
basic designs were optimized for bearing rating life with 
specified constraints on pinion gear axial and radial deflection 
(<.0254 mm), pinion inclination (<.l*), and geometric design 
volume. 

Analysis revealed that it was possible to lower design 
weight and geometric volume by reducing shaft length and still 
maintain acceptable bearing lifespans. Alternate designs and 
associated performance characteristics were explored and are 
detailed in the discussion of results. Their shorter bearing 
lives prevent recommendation. 
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DESCRIPTION OF ANALYSES 

Tht stragtgy •aploytd to dotoraino particular support systan 
dasignt is dafintd by Figure 3. Coaputational details are provided 
In Appendices (A*C). 

The particular paraaeters which were varied to design/analyze 
these systeas are shown in Figures 4 and S. Note, all individual 
load support designs use pairs of the saae bearing types. The nua* 
her of coaputer runs was ainiaized by requiring shaft wall thick* 
nesses to be fixed at either 101 or 1001 (solid) of the diaaeter 
extent. Design perforaance was found to be insensitive even to 
such large variations in wall thickness. Preloads were varied froa 
0*218.8 N to represent existing bearing design practice. A light 
interference fit between the shaft and inner ring (.Olaa) was 
selected to ensure adequate bearing rating life. 

All analyses were performed at a shaft speed of 36,000 rpa 
and at the specified maximum bearing temperature of 1S0*C. Shaft 
length restrictions were maintained as follows. In the straddle 
arrangement, the cone back face of the preload bearing does not 
extend more than 27.18 mm beyond the point of load application on 
the pinion. This violates the specified shift length '*onstraints. 
However, analysis demonstrates thr.t >• ;.able straddle design requires 
relaxation of this requirement foi " .v off«the*shelf bearings selected. 
In the cantilevered arrangement ti s cone front face of the preload 
bearing does not extend more than 11 A1 mm beyond the point of load 
application on the pinion. The gear face width was held at a value 
of 17.27 mm. In addition, minimum values for roller crown radii 
were used and the housing was considered to be rigid to provide 
further conservatism with respect to bearing rating life predictions. 
Finally, all materials were modelled as steel (Young's modulus 
E ■ 2.04 (10)^ N/mni^, Poisson's ratio v ■ .3, weight density • 

7.87 (10)'^ N/mm^.) and a bearing material life factor of S was 
used considering that M50 tool steel would be required in the 
application. 
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DISCUSSION OP RESULTS 

R«tult» froB tht of coaputor runt which woro ctrriod 

out to toloct tho prolininory. lood support dotignt and doflno tho 
rotpoctlvo tyttoBs' porforMnco charoctorittlct oro provided in 
Tablet 1*8 and Figures 6*9. 

In Table 1 radial/axial bearing load ratios (N/N) and bearing 
rating lives (hours) for various wall thicknesses and specified 
percents of the gear loads in the straddle (s) and cantilever (c) 
geoaetries at zero preload are presented for designs using the 
H88000 series bearings. Table 2 provides siailar results for 
identically arranged designs using the LM67000 series bearings. 

Note that the bearings were aounted back to back for the straddle 
designs and front to front for the cantilever designs (see Figures 
1 and 2). These orientations provided superior perforaance for 
the specified loading condition. Only results for these orienta- 
tions are presented, although test cases were coapleted considerii.g 
the alternate mounting arrangements. 

The larger bearing (M88000 series) exceeds the allowable 
housing space, and the width of the bearing precludes satisfying 
the specified shaft length restrictions. However, it affords 
acceptable bearing lifespans for either the cantilever or straddle 
design when the system is subjected to 601 of the gear load. The 
LM67000 series bearing does not meet the life requirements for 
the design configurations that were studied. As noted, the shaft 
wall thickness has a small effect on bearing life performance. 

This is due to the short, stocky nature of the shafts and the 
associated small deformations. 

Tabulation of results for the deflection and rotation of the 
pinion gear at the point of load application for these same systems 
are presented in Tables 3 and 4. It is pointed out that the 
SHABERTH shaf. deflection model considers transverse shear defor- 
mation as a secondary effect. This assumption is Justified in 
Appendix D. 
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Slnc« th« support dosigns using th# LM67000 sorios boaring 
did not provido adoquato boaring rating livos for this applies* 
tion, only tho M88000 sorios was usod to ovaluato tho offsets of 
proload and intorforoneo fits. Tho load ratios and rating livos 
at various proloads for tho prolininary dosigns shown in Figuros 
1 and 2 aro givon in Tablos Sa and 6a. A solid shaft was usod for 
tho straddlo dosign sines thii providod eonsorvativo boaring 
rating lifo prodietions. Load and lifo prodietions at the spoei* 
fiod intorforoneo fits aro listod in Tablos Sb and 6b. Plots of 
tho boaring rating lifo vs. proload aro givon in Figuros 6 and 7. 
Pinion gear defleetions and rotations are presented in Tables 
7 and 8 . 

It is interesting to note that for eaeh design one bearing 
has a dramatic increase in life with increase in preload before 
eventually plunging to failure, while the life of the companion 
bearing decays monotonically . This behavior is associated with 
the number of rollers sharing the load. In Figure 8 the roller 
loads are plotted for the straddle design at zero (N) and 78.3 (N) 
preload, respectively. The preload forces more rollers to 
carry the gear loads so that initially there is an increase in 
life. As the preload continues to increase the roller loads 
become life-limiting. The analogous effect is shown in Figure 9 
for the cantilever geometry. This behavior could possibly be 
exploited by specifying use of the smaller bearing (LM67000) 
in place of the bearing that experiences increased life. 

Alternate bearing*shaft system configurations were considered 
to obtain weight optimization. The effects of changing bearing 
spacing and adjusting the pinion location relative to the 
bearings were also evaluated. Referring to Figures 4 and 5, 
the specific geometries considered are defined along with the 
system load, life and deflection responses in Tables 9*11. 

Closer bearing spacings and/or shorter span lengths (lighter 
systems) degraded bearing rating life for both the straddle and 
cantilever geometries. This was particularly noticeable for 
the alternate cantilever designs (cases 1 and where the 
overhang increased but the overall length was held fixed. 
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The straddle design with the asywMtric pinion gear location 
(case 3) also demonstrated decreased life. This was expected 
?iace the applied gear loads are distributed less equally 
'^tween the bearings. Finally, comparing case 1 (straddle) 
with the original cantilever design it is noted that the 
straddle configuration provides greater bearing rating life 
than the cantilever geometry for identically sized arrangements 
and is therefore considered a superior design. 

CONCLUSIONS AND RECOMMENDATIONS 

A series of computer analyses have been carried out to 
explore competing design concepts of a shaft and existing 
tapered-roller bearing system to support the high-speed input 
pinion of an advanced commercial helicopter transmission. The 
results were used to specify preliminary designs for both a 
straddle arrangement where the pinion gear is located between 
the bearings and a cantilever arrangement where the pinion is 
outboard of the two bearings. 

The analyses demonstrated that the straddle geometry 
provides improved bearing rating life compared to the canti- 
lever geometry for identically size arrangements. The symmetry 
of this configuration helps distribute the radially applied 
gear load equally to the bearings as opposed to one bearing 
carrying the entire load. The straddle is therefore considered 
a preferable design. 

The load support system analyses were based on the selec- 
tion of two commercially available bearings. Neither bearing 
type was found to provide a completely satisfactory design 
with respect to the constraints on bearing rating life and 
available housing space. 
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The M88000 series bearing (larger) was judged to be the 

t 

best suited condidate since it afforded acceptable bearing 
rating life, although it violates the housing space requirenent. 
The LM67000 series bearing did not demonstrate acceptable 
bearing rating life for the designs that were evaluated so 
that the effects of preload as well as alternate geometric 
configurations which use this bearing type were not explored 
at this time. 

The following alternatives are recommended for consideration 
to obtain a design that bettor meets the prescribed size and 
performance constraints: 

1. Modify the design of the M88000 series to 
create an outer envelope which fits within 
the specified housing spare. 

2. Evaluate alternate support designs which employ, 
both, the M88000 (modified) and LM67000 bearing 
types. Due to the significant increase in life 
of one of the M88000 bearings for a range of 
preloads, a viable design should be possible 
by replacing that bearing with one from the 
smaller LM67000 series. 

3. If the loss in system life created by the modi* 
fication suggested in Step 1 creates an 
unsuitable design, relax the housing space 
requirement and evaluate designs which use both 
the M88000 and LM67000 bearing types. 

4. The current analysis was performed without the 
benefit of a thermal analysis which couples the 
load support system with its thermal environment. 

The sensitivity of the design performance to 
preload indicates the merits of a future examina- 
tion which takes proper account of interacting 
bearing and system generated heat sources. 
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, Point of load application 


22.25m 


1 ^ 27 . 




’27.18mm 


22.25mm 


98.816m 

Bearing Types - M88U00 (2) 
Bearing Orientation • Back to Back 





Shaft Section 


6 . 

S. 


(Pr''*’al ’ lOn/SlOC. 

lFj./Fa| R (N/N) - 1481/2789 


.L 

‘*10 

(hrs) 

■ 

44 54 

no 

(hrs) 

■ 

9155 

«a 

(mm) 

■ 

.0178 

6r 

(mm) 

m 

.00452 


(d.g) 

m 

.0011 

Yh 

(deg) 

m 

.0041 


L, R • Left, Right 

a, r ■ axial, radial 

V, h " vertical, horizontal 


Figure 1; Preliminary Support System Design - Straddle Geometry 
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Bearing Types • M88000 (2) 

Bearing Orientation -Front to Front 



Shaft Section 
■ 16.67 
Rj • 15.00 


mm 

nun 


Perfornance Characteristics at Zero Preload With 101 
Wall Thickness and 60t of Gear Load-Flts*Line-to-Line 


1 fr/f. 1 

L (N/N) 

• 80S/2522 

1 '’r/'’. 1 

R (N/N) 

• 3429/4817 

.1. 

*•10 

(hrs) 

■ 

3388 

L ^ 
*'10 

(hrs) 

M 

3669 


(mm) 

m 

.017 

‘r 

(mm) 

m 

.011 


(deg) 

m 

.021 


(deg) 

m 

.014 


Figure 2: Preliainary Support System Design - Cantilever Geometry 



Figure 3: Flowchart of Design-Analysis Strategy for Support System 
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Shaft Section 


Nomenclature 


P 

t. 


Pinion gear load vector 
Bearing width 


t i 
1 * 2 


Pi 


t 

^o' 




Distance from cone front face of preload 
bearing to point of load application 

Location of pinion gear 

• i*l>2 if bearings mounted back to back) 

1 p. 

Total length of support system 
Outer, inner shaft radii 


«o ■ "i 


wall thickness 


Figure 4: Parameters Defining Geometry of the Straddle Design 
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Shaft Section 


Nomenclature 

I2 * (replaces) for bearings oriented front to front 
All other parameters defined as per Figure 4. 


Figure S: Parameters Defining Geometry of Cantilever Design 
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Figure 6: Bearing Rating Life vs. Preload - Straddle 



















Figure 9: Roller Load Distributions (Newtons) 

at 0 (N) « 78.28 (N) Preload for 101 
Wall Thickness » 601 Gear Load and 
Fits ■ Line*to*Line - Cantilever 





T«bl» Load Ratiot and Lift Pfdictlon> • MiiOOO Stri»> 

Fita • Lina«tO"Lina and Prtload ■ 0 ^ 

4o 4o 

Caoa, IW.T.* jC.L.* (N/W) (N/N) (hra) (hra) 


s 

100 

100 

S216/7041 

24S1/3171 

1190 

3186 

s 

100 

60 

1917/S106 

1481/2789 

4417 

9070 

s 

10 

100 

3216/7041 

2446/3171 

1190 

3281 

s 

10 

60 

1917/S106 

1481/2789 

4434 

91$3 

c 

100 

100 

1348/2736 

S720/6600 

1414 

931 

c 

100 

60 

823/2S26 

3447/4848 

3448 

3626 

c 

10 

100 

1308/271*8 

S689/6S87 

1386 

9S6 

c 

10 

60 

80S/2S22 

3429/4817 

3388 

3669 



Table 2: 

Load 

Ratio and Life 

Predictions • LM67000 

Series 



Fits 

• Line*to*Line 

and k*reload ■ b 



Geom. 

IW.T. 

IG.L. 

iV=a"- 

(N/N) 

|f^/Fa|r 

(N/N) 

L 

4o 

(hrs) 

R 

4o 

(hra) 

S 

100 

100 

3220/5364 

2513/1495 

172 

737 

S 

100 

60 

1926/3523 

1517/1197 

756 

2806 

S 

10 

100 

3234/5364 

2507/1495 

172 

742 

S 

10 

60 

1926/3518 

1517/1197 

755 

2734 

C 

100 

100 

1326/1137 

5653/5008 

366 

146 

C 

100 

60 

801/983 

3403/3309 

1184 

648 

C 

10 

100 

1294/1130 

5636/50C0 

357 

146 

C 

10 

60 

792/983 

3394/3300 

1172 

655 


• W.T. • Wall Thickness 
G.L. ■ Gear Load 

L ■ Left 
R • Right 
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Table 

5: Deflections 

6 Rotations 

of Pinion 

Goar • N88000 Sorias 

Geo*. 

Fits 

• Line- 

to 'Line and Proload ■ 

2 


IW.T. 

ig.l. 


«• (m«J 

Y.* 

S 

100 

100 

.0048 

.02286 

■^v ■ ■ 
.00148 

h 

.0043 

S 

100 

60 

.0030S 

.01780 

.00094 

.0020 

S 

10 

100 

.00686 

.02286 

.00183 

.0063 

S 

10 

60 

.00432 

.01778 

.0011 

.0041 

C 

100 

100 

.01194 

.02108 

.0197 

.0107 

C 

100 

60 

.00838 

.01702 

.013 

.0067 

C 

10 

100 

.01651 

.02108 

.033 

.022 

C 

10 

60 

.01092 

.01702 

.021 

.014 


Table 

4: Deflections 

8 Rotations 

of Pinion 

Gear - LM67000 Series 

Geom. 

Fits 

• Line 

‘to -Line and 

Preload ■ 

2 

Y, (deg) 

IW.T. 

ig.l. 

6_ (nun) 

6 (mm) 

Yy (deg) 

S 

100 

100 

.0051 

.0381 

.0022 

h 

.0054 

S 

100 

60 

.00331 

.0279 

.0015 

.0036 

S 

10 

100 

.00762 

.0381 

.0025 

.0079 

S 

10 

60 

.004826 

.0330 

.0016 

.0051 

C 

100 

100 

.011176 

.0356 

.0206 

.013 

C 

100 

60 

.007569 

.02692 

.0134 

.0082 

C 

10 

100 

.016256 

.0356 

.036 

.028 

C 

10 

60 

.010668 

.02692 

.0227 

.017 


r,a ■ radial, axial 

v,h - vertical, horizontal 
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Table Sa: 

Load Ratio and Life Predictions 

at Various Preloads 


for Lino'to* 

Lin# 

Condition at 1001 Wall 

Thickness 


and 601 Gear 

Load - Straddle 




|F,/FJL 



L 

R 

Preload 


1F,/F^|R 

4o 

*^10 

m 

IN^N) 


_ (N/N) 

(hrs) 

(hrs) 

0 

1917/5106 


1481/2789 

4417 

9070 

.44 

1913/5111 


1482/2790 

4415 

9071 

43.10 

1901/5165 


1518/2847 

4232 

11450 

50.30 

1899/5182 


1521/2860 

4184 

11490 

55.60 

1899/5204 


1526/2882 

4125 

13210 

bl.n 

1895/5234 


1527/2916 

4030 

13510 

71.178 

1894/5300 


1529/2975 

3860 

15760 

78.28 

1893/5431 


1528/3104 

3534 

22970 

12 5.90 

1891/6988 


1528/4670 

1423 

6555 

218.80 

1884/11220 


1522/8898 

262 

612 

Table 5b: 

Load Ratios 

and 

Life Predictions at Various Preloads 


and Interference 

Fit of .01 mm 

for 101 

Wall Thicknes 


and 601 Gear 

Load ’ Straddle 







L 

R 

Preload 

IFr/f^Il 


IfVf^Ir 

4o 

4o 

IN) 

_ (N/N) 


(N/N). 

(hrs) 

(hrs) 

0 

1912/5148 


1503/2826 

4310 

28945 

43. 

1905/6332 


1518/4008 

2600 

15885 

78.3 

1899/7299 


1531/4973 

1205 

5219 

* Values computed by linear 

interpolation. 
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Table 6a: 


Load Ratio and Life Pradictiona at Various Preloada 



for Lino'to- 

Line 

Condition at 101 

Wall 

Thickness 


and 601 Gear 

Load - Cantilever 








L 


R 

Preload 

iV-a"- 


'V=aI* 

••10 


ho 

tN) 

_ CN/ni 


(N/NJ 

(hrs) 


LhrsJ 

0 

805/2522 


3429/4817 

3388 


3669 

.44 

807/2522 


3432/4842 

3389 


3668 

4.44 

809/2524 


3433/4842 

3392 


3658 

43. lo 

839/2563 


3449/4881 

3466 


3549 

-.0.50 

841/2575 


3450/4893 

3513 


3521 

62.27 

843/2657 


3452/4975 

5570 


3345 

78.28 

841/3091 


3449/5418 

34550 


2596 

95.60 

839/3682 


3447/6003 

18110 


1900 

125.90 

835/4698 


3442/7019 

7113 


1158 

146.80 

827/5847 


3438/8168 

3053 


705 

166.80 

822/6665 


3436/8987 

1823 


514 

186.80 

821/7544 


3429/9868 

1151 


378 

218.80 

814/8936 


3425/11260 

618 


243 

Table 6b: Load Ratio and Life Predictions at Various 

Preloads 


and Interference 

Fit of .01 mm for 101 

Wall 

Thickness 


and 601 Gear 

Load ' Cantilever 








L 


R 

Preload 



IFg/fAlR 

^10 


*"10 

(N) 

(N/N) 


(N/NJ_ 



ihrsl 

0 

824/2552 


3446/4876 

75528 


3600 

43.1* 

831/3915 


3444/6237 

36971 


2172 

78.3 

837/5028 


3442/7350 

5481 


998 

•Values 

computed by linear 

interpolation. 
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li 

Table 7: Deflectiona and Rotations of Gear at Various Preloads 

for 1001 Wall Thickness and 601 Gear Load 
Fits ■ Line»to»Line f^t raddle 


11 

i: 



ly 


0 

.00305 

.01778 

.00094 

.0026 

43.10 

.002972 

.00838 

.00072 

.0021 

50.20 

.002972 

.007366 

.00071 

.00208 

55.60 

.0029693 

.00635 

.00070 

.00203 

62.27 

.0029566 

.005518 

.00069 

.00198 

71.17 

.0029185 

.0046936 

.00069 

.00193 

78.28 

.0028829 

.004064 

.00068 

.00187 

125.90 

.0024206 

.003124 

.00031 

.00167 

218.80 

.0020193 

.002438 

.000117 

.001496 



Table 8 


Deflections and Rotations of Gear at Varioue Preloads 
for lot Wall Thickness and 601 Gear Load 


Fits ■ Line-to*Line - Cantilever 


Preload (N) 

I 0 

0.44 

4.44 

43.10 

j, 50.20 

'• 62.27 

j 78.28 

95.60 
125.90 

I 146.80 

166.80 

|{ 186.80 

218.80 


■f. C"”} 

6^ (mm) 

0109200 

.0170180 

0108710 

.0164592 

0108710 

.0155960 

0106680 

.0068326 

0106450 

.0058928 

0105160 

.0041910 

0099060 

.0035814 

0093472 

.0032715 

0086868 

.0029464 

0082040 

.0027432 

0080010 

.0025908 

0077978 

.0024994 

0075692 

.0002352 


lv_Ld£ll 

l^j;de^ 

.02100 

.01400 

.02097 

.01375 

.02091 

.01370 

.02030 

.01350 

.02028 

.01347 

.02000 

.01335 

.01925 

.01306 

.01845 

.01278 

.01760 

.01243 

.01700 

.01220 

.01660 

.01209 

.01640 

.01197 

.01600 

.01186 


H 

II 











Table 9a: Geoaetry of Alternate Straddle Desisns 



Original 

1 

2 

3 

4 


27.18 

27.18 

98.816 

20.823 

20.823 

86.106 

18.1S6 

18.156 

80.772 

8.636 

45.974 

98.816 

15.240 

15.240 

74.94 


22.23 mm 

S * ‘b 


*2 * ‘b 


Table 9b: Geometry of Alternate Cantilever Designs 


Original 

1 

2 

3 

4 

5 


t, (mm) 

t, (mm] 

1 1, (mm) 


77.47 

ll.ZA 

- J 

0. 

86.106 

77.47 

55.24 

5.334 

86.106 

77.47 

55.24 

24.384 

86.106 

72.136 

49.906 

0. 

80.772 

69.38 

47.15 

0. 

78.016 

66.77 

44.54 

0. 

75.406 

S 

- 22.23 

ir.m 



.»€ ^ • 



T«bl» lOa ; Alternate Straddle Dc»lgiu»Lotd Ratio* < Rating 



Lives at 601 of 

Gear. Load 8 1001 

Wall ‘ 

Thickness 


Fits ■ Line*to> 

Lina and Preload • 

0 





L 

R 

Case 

IV=aIl 

IF^/F^IR 

*'10 

••10 

No. 

.XN/Nl _ 

(N/N) . 

(hrs) 

Lhrsl 

Original 

1917/5106 

1486/2789 

4417 

9070 

1 

2069/5151 

1527/2808 

4224 

8905 

2 

2157/5142 

1561/2820 

4116 

7704 

3 

2749/4859 

854/2540 

4262 

9679 

4 

2280/5165 

1620/2844 

3955 

7349 


Table 10b: 

Alternate Cantilever Designs 

‘Load 

Rat ios 

8 Ratii 


Lives at 601 

of Gear Load 8 

101 

Wall Thickness 


Fits ■ Line* 

tO'Line and Preload ■ 

__0 



IF^/F^IL 

IF^/FJR 


L 

R 

Case 


*'10 

■-.0 

No. 

(N/NJ _ 

(N/NJ 


(hrsl 

(hr») 

Original 

SOS/2522 

3429/4839 


3388 

3669 

1 

1030/2611 

3741/4931 


3115 

3182 

2 

2580/3225 

5422/5555 


1767 

1517 

3 

886/2554 

3483/4875 


3260 

3545 

4 

929/2571 

3509/4893 


3194 

3485 

5 

975/2589 

3537/4910 


3125 

3422 


Tablt 11a: Alternate Straddle Lesiana-Deflect ions & Rotations of 


Pinion Gear at bOt of Gear Load & 1001 Wall Thickness 



With Fits 

■ Line-to*Line and 

Preload ■ 0 


Case 





No. 

3^ (mm) 

6^ (mm) 

ly-Ldoj) 

1^^ L4.»£) 

Original 

.00305 

.0178 

.00094 

.0026 

1 

.0025 

.0180 

.00122 

.00296 

2 

.0023724 

.0180 

.0014 

.00316 

3 

.002874 

.017018 

.00183 

.0029 

4 

.002245 

.01796 

.00126 

.0032 

Table lib: 

Alternate 

Cantilever Designs 

-Deflections 8 

Rotations of 


Pinion Gear at 60t of Gear Load & 101 Wall Thickness 



With Fits 

• Line-to-Line and 

Preload • 0 


Case 

No. 

(mm) 

6^ (mm) 

Iv 


Original 

.010922 

.017018 

.021 

.014 

1 

.016000 

.016700 

.029 

. 01576 

2 

.04826 

.017272 

.067 

.021 

3 

.011176 

. 016704 

.0215 

.0136 

4 

. 011274 

. 01668 

.0217 

. 01358 

5 

.011480 

.01672 

.0221 
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APPENDIX A 

CALCUUTION OF FORCE COMPONENTS ON SPIRAL BEVEL PINION GEAR 


The procedure for coaputing the loads acting on the spiral 
bevel pinion gear was taken froa Reference 6. General expressions 
for the tangential, axial and radial load on the left hand gear 
driving clockwise are given below (See also Figure A*I). 

Tn 

K ■ 

t r 

P 


a cost|« 


(tan^ slny ♦sln^ cosy ) 


where 


" cos<r cosYp-sln^ sinVp) 


pinion torque ■ 105,410 N-mn 
pitch radius ■ 22.01 mm 
pressure angle • 20* 

spiral angle ■ 35** (gives maximum loads) 

pitch angle ■ 15.22* 


Substitution of these values gives 


. 105.410 

‘t "22.0091 


4789.2 N 


il|i4 l(.364)(.263)M.S74)(. 965)1-3796. 8 N 


a 20.8026 
.. . 4789.2 

^ 20m 


((.364) (.965) -(.574) (.263) 1-11 72. 5 N 


* The spiral angle ranges from 30* - 35*. 
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APPENDIX R 

BEAIUNG GEOMETRIC PROPERTIES 

i • 


The geoaetrlc properties for the bearings were computed from 
drawings of the assemblies, inner rings and rollers. The numerical 
values for the geometric parameters used in the analyses are tabulated 
below (Table B*l) while the nomenclature is defi.ned with Figure B*l. 
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APPENDIX C 
PRELOAD CALI DRAT I ON 


In SHABERTH* axial preload* are iapoted by aelection of a negative 
initial deforaation (axial play) paraneter. An equivalent preload 
wax coaputed uaing the procedure deacribed below. 

The aystea external load* were reaoved and the rotational apeed 
aet to aero. An axial play (coapreaaion) waa aelected and the aupport 
ayatem analyzed to evaluate bearing axial loada on the inner ringa. 

This provided a point on the load-deflection curve. The proceaa waa 
repeated until the entire calibration curve (Figure C-l) waa obtained. 
At this point the displacement corresponding to a given preload could 
be extracted from the curve. 

Since only the M88000 scries was found to be (iuitable for this 
application, a calibration was done for this hearing type alone. The 
range in axial displacement was 0-.05 mm corresponding to a range of 
0*535.(1 N. The sequence of axi.il play values selected and the 
associated bearing thrust loads computed are shown in Table C-l. 


Table C-l: Axial Play vs. Preload 

- Calibration Data 

4 

Axial Compression (mm x 10 ) 

Preload (N) 

0.000 

0.000 

10.000 

43.199 

20.000 

12S.999 

30.000 

219.002 

40.000 

332.000 


32 







AL79P001 


APPliNOIX D 

EFFECT OF TRANSVERSI: SHEAR DEFORMATION 
ON PINION GEAR DEFLECTION 

An estimate of the increase in the pinion gear radial 
deflection due to the influence of transverse shear deformation 
was obtained for the straddle designs by comparing the deflec* 
tions, with and without shear effects* under the load using 
the model she <n in Figure 0*1. A similar comparison was not 
made for the cantilever designs since any additional deflection 
at the point of load application would be a multiple of the 
extremely small relative displacement between the gear mid-section 
' and the adjacent bearing. 

The deflection 6 , including shear deformation* for the 
simply-supported beam of Figure D-1 was derived from References 

S and 7 as 

i 

PI* 

^s " 48 n I (mm) 


I 


I. 

fi 

0 

0 


where 


E 

I 

♦ 

L-2t 

A 

A 


Young's Modulus (N/mm*) 
Inertia of Section (mm") 


24(l+v) 




shear coefficient 


Span length (mm) 

Cross sectional area (mm*) 
Shear area ■ . 5A (mm*) 
Radius of gyration (mm) 


Numerical values for these parameters were computed for 
a lot wall thickness. Note that half the minimum span length 
and mean pinion radius were used to compute (j) to make 
the estimate of the increase in deflection conservative. 
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For 2t - 80.772 mm and • 21.996 mm 

o 

r/2l- 9.52/50.8 - .184 


I, 


and 


Let 6 


Then , 


2 . 1 . 


deflection without shear (^^O) 


r 


(1 ♦ 2.1) • 3.1 


As previously noted, this amplification is not large 
enough to violate the imposed limits on pinion gear deformation. 
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APPENDIX E 

FIT ANALYSIS - DESCRIPTION OF ANALYTIC MODEL 


To accurately analyze the performance of a bearing, Its 
operating clearance must be known. In SHABERTHt an analysis 
was developed to account for the effect of initial and operating 
shaft and housing fits. 

The bearing rings are treated as thick walled circular 
cylinders of constant wall thickness subjected to the action 
of uniformly distributed internal and external pressure. 

Mean values for the Inner/outer diameter and wall thicknesses 
of both rings were specified to accommodate the tapered geometry. 

The external pressure arises in the case of the outer 
ring from a press fit into the bearing housing. The internal 
pressure on the outer ring arises from the discrete rolling 
element loads which are regarded as uniform internal pressure 
acting on the outer ring. Similarly for the inner ring the 
press fit on the shaft provides a uniform internal pressure 
and the rolling element loads are regarded as a uniform external 
pressure. Figure E*1 shows the idealized sections used in the 
analysis and their numerical values are given in Table E-1. 

The parameters and are effective widths of the shaft 
and housing cylindrical sections. These ware taken as twice 
the inner (Wj) and outer (Wq) ring widths, respectively. The 
inner diameter of the inner ring was set at 33.34 mm and the 
outer diameter of the shaft at 33. 35 mm to provide a .01 mm 
(light) interference fit. Zero clearance was specified between 
the outer ring and housing since the bearing "grows" into a 
tight fit from centrifugal expansion. 


*See Technical Report AFAPL-TR- 76-90, October, 1976. 


fl 

f] 
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Lgure E-1: Fit Analysis -Bearing Assembly Equivalent Sections 



AL79P001 


Table E»l : Fit Analy»lt - Model Paraaetera and Dlaenaiona 


Parameter 


Numerical Value (mm) 


a 

Shaft 

Inner Radius 

IS. 00 

b 

Shaft 

Outer Radius 

16.675 

c 

Inner 

Ring Outer Radius 

25.30 

u 

Inner 

Ring Inner Radius 

16.67 


Inner 

Ring Mean Radius 

20.1 

c 

Outer 

Ring Inner Radius 

25.37 

r 

0 

Outer 

Ring Outer Radius 

34.13 

m 

Outer 

Ring Mean Radius 

29.75 

f 

Housing Inner Radius 

34.13 


Housing Outer Radius 

42.67 

*i 

Inner 

Ring Width 

22.22 

% 

Outer 

Ring Width 

17.46 

“s 

Shaft 

Effective Width 

44.44 

"ll 

Housing Effective Width 

34.92 
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APPENDIX 2 

LOAD SUPPORT SYSTEM ANALYSIS 
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by 

S. S. Gasttl 
J. Pirvics 

ABSTRACT 

Structural assemblies which transmit power, helicopter 
gearboxes for example, require accurate evaluation of load 
and displacement distributions to ensure system design opti- 
mization. Particular performance parameters which depend on detailed 
understanding of the distributions are operating life and rigidity. The 
coupling complexity of system components; gears, shafts, bearings 
and the housing itself, prevents meaningful evaluation of per- 
formance from the study of isolated components. The entire 
load support system has to be examined in its interacting 
ent i rety. 

In this paper a theoretical study has been made to deter- 
mine the performance of a load support system, consisting of 
a shaft and two tapered roller bearinqs for the hlqh-speed input 
pinion of an advanced helicopter transmission. SHABERTH, a 
computer program designed to perform thermo-mechanical analyses 
of arbitrarily configured rolling element bearing-shaft systems, 
was employed to analyze, both, a straddle arrangement where 
the spiral bevel pinion gear is located axially between the 
two bearings, and a cantilevered arrangement where the pinion 
is outboard of the bearings. 
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The effects of preload, shaft wall thickness, bearing spacing 
and nisalignaent of bearing races were exaained. Their influence on 
load distributions and bearing rating lives including siaulation 
of bearing and shaft elastic deformations were evaluated for 
both support geometries. Additional effort was expended to 
detail the performance of the pinion designs over a range of 
shaft rotational speeds. Lubrication and friction effects .were 
included. Particular attention was directed to local as well as 
global heat generation rates (HGR) to provide design information 
for proper lubrication of the bearings. 

The results provide guidance for improved design of trans* 
missions and the load vector control within them. In particular, 
the relative merits of the straddle versus the cantilever design 
have been exposed so that their individual characteristics may 
be exploited to increase system survivability. 
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INTRODUCTION 

Adv«nc«t in h«licopt«r transMltsion dttign nr« obtnin«d 
by th« tuccttsful MxlBizttlon of powor trantaittod through 
hardware of ainlaun voluae and aaea. Aa the voluaa of the 
design envelope decreases, higher speeds and loads are iaposed 
on components of the systea. With the higher power densities 
processed by aaterial volumes of lower mass content, reliable 
and predictable performance of components within the system 
becomes crucial. 

Several nodules in existing transmissions, the planetary 
reduction set and the input pinion for example, have tc be 
redesigned to achieve performance advances for the complete 
system. The most critical is the input pinion which serves 
as the first link between the high speed power plant input 
and the low speed mast rotor output. 

Input pinions have been customarily designed as load sup> 
port systems where a shaft is supported by a series of rolling 
element bearings which in turn straddle a central gear. Typi* 
cally, a cylindrical roller bearing is located at one 
end of the shaft and a stack of angular contact ball bearings 
supports the other [l]. These designs take advantage of the high, 
line contact radial load carrying capacity of the cylindrical roller 
bearing and the axial displacement control and thrust load capacity 
of the ball bearing stack. 

The advanced transmission system requirements noted above 
have promoted investigation of alternate load support configu- 
rations [2]. Specifically, use of the tapered roller 
bearing has seen increased attention. This is due to this 
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bearing's ability to support large coabined loads for a given 
design envelope and aass • Several investigations have 
revealed the potential present if careful attention is devoted 
to cooling design and lubrication at the higher speeds desired 
[5-6J. 

These and other studies, notably (7,g), have also revealed 
the requirenent for coaputerized siaulation of the coaplete 
load support systea which evolves. The siaulation is coaplex 
due to the cross coupling of effects experienced by individual 
components with the surrounding hardware. The iaposed constraints 
on space and mass for example, affect load support stiffness 
and thus require accurate accounting for the resulting load 
and displacement vector distribution at the gear mesh. Failure 
to do so results in unacceptable power loss, accelerated wear 
and elevated temperature operation of the system. 

The material which follows describes the analysis and 
resulting data obtained in developing design prototypes for 
an input pinion supported by high speed small bore ( 2.0 x (10) ^DN) 
range tapered roller bearings. The paper documents efforts 
expended at evaluating the relative merits of designs where 
the gear of the shaft is supported in both straddle and canti- 
lever configurations. 

Each design configuration offers distinct advantages. 

The symmetric straddle arrangement enhances bearing life by 
providing a more equal distribution of the gear load among the 
support bearings. However, two-sided access to the supported gear imposes 
a design penalty by increasing housing volume and mass. The 
cantilever geometry provides an easily positioned, free, gear 
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■esh point, but rtducot boaring lift for a givon doaign voluao 

and naaa. 

SHABERTH (10], a coaputor progran croatod to porfora thorao* 
Mchanlcal analyaos of arbitrarily configurod rolling oloaont 
bearing-ahaft ayatoaa, waa taployod to analyto coapoting doaign 
concopta. Tho prograa waa oxorciaod at a lovol which conaidora 
tho olaatlc contact forcoa to oxploro tho offocta of proload, 
shaft wall thicknoaa, intorforonco fita and boaring apacing, 
aa well aa position of tho pinion goar on porforaanco. A aoquonco 
of code executions over a apectrua of the applied goar loads 
was iaplemented. The data obtained was used to evaluate syatoa 
rigidity, bearing load distribution and bearini*, rating life 
for both support geometries. These results parallel the analyses 
performed by Taha, et al, (8J for the cantilever case. 

This effort was further extended by executing the code at the next 
higher level which activates the simulation of a lubricant 
and includes traction effects. A range of shaft rotational 
speeds was considered. This allowed quantification of such parameters 

as EHD film thickness and lubricant life adlustment factors in 
terms uf shaft operating speed. Particular attention was directed 
to the heat generation rates at various component locations 
(e.g. flanges and raceways) to provide design guidance for lubri* 
cation systems. 
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THEORY 

SHABERTH hat b«en writtan to doscrlbt tho dotailod tharao- 
dynanic aquilibriua of a load support systaa conalating of a 
shaft and rolling alasMnt baarings. Bxaaplas of baarlng*shaft 
configurations addrassad in this study ara shown schaaatically 
for a straddla and cantilavar gaoaatry in Figura 1 and Figura 2. 
Along with tha variations of paraaatars considarad, posit iva 
diractions for forcas/isoitants and displacaisants/rotations ara 
defined. These ara raprasantativa of load support systaas 
found in hel icopter*typa input pinion assanblias. 

The general loading is expressed as an applied force and 
moment vector combination. The fomulation allows a variable 
cross* section, flexible shaft which can be solid or hollow. 

With the tapered roller option activated individual bearing 
performance is detailed by simulation with concentrated contact 
elastohydrodynamic traction models. Further detail is present 
in the computation of filr starvation effects. 

The shaft, bearings and lubricant, characterized by in* 
dividual material properties, interact with their environment 
so that thermal and inertial effects are taken into account. Bearing 
dimension changes for example, reflect the influence of external 
and bearing generated time dependent heat sources. 

SHABERTH is structured by nesting computation loops which 
address ever increasing levels of detail in system characterization. 
The present investigation used the first two levels of sophis- 
tication of the four possible. 
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Level 0 • Elastic Contact Forces are calculated. No lubrication 
or friction effects are considered. 

Level 1 • Elastic Contact Forces are calculated. Lubrication 
and friction effects are considered using epicyclic 
assumptions to estimate rolling element and cage 
speeds. 

BEARING CLEARANCE ANALYSIS 

The change in bearing diametral clearance is computed 
according to the generalized equation set. 

ADCL»f{ (Fits)„,t , »n„, (Q-)*,)» m ■ 1,2 for inner and outer fl) 

rings, respectively 

i * 1,2,3,4,S for shaft, 
inner ring, outer ring, 
housing and rolling element, 
respectively 

where: ADCL is the ^'hange in bearing diametral clearance. 

Fits are the cold mounted shaft and housing fits 
are the component temperatures 
refers to the ring rotational speeds 

refers to the radial component of the 
rolling element-race normal force 

In general, the clearance analysis accounts for the following 
effects : 

1. Temperature changes and gradients. 

2. Initial and operating shaft and housing fits. 

3. Rotation induced, ring radial growth. 

Radial components of the rolling element-raceway 
normal loads. 
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The bearing ringa are treated as thick walled circular 
cylinders of constant wall thickness subjected to the action 
of uniformly distributed internal and external pressure. 

The external pressure arises in the case of the outer 
ring from a press fit into the bearing housing. The internal 
pressure on the outer ring is due to discrete rolling element 
loads which are represented as equivalent to a uniformly distributed internal 
pressure of finite extent acting on the outer ring. Similarly* 
for the inner ring the press fit on the shaft provides a uniform 
internal pressure and the rolling element loads are regarded 
as a uniform finite sector external pressure. 

SHAFT- BEARING ANALYSIS 

The shaft-bearing system loac equilibrium scheme calculates 
bearing inner ring positions relative to those of the outer 
ring. The external loading applied to the shaft is balanced 
by rolling element loads which develop at the bearing inner 
ring at a defined thermo-mechanical state. 

The deflection characteristics of the shaft are calculated 
one plane at a time. The differential equation for the deflec- 
tion curve of the shaft, in the XY plane, is taken to be 



. MiXi 
EI(X) 


( 2 ) 


where M ■ moment 

E " modulus of elasticity 
I ■ moment of inertia 


The coordinates X and Y and typical loading condition are shown 
in Figure 3 . 
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** The formulation considers the shaft to be axially rigid. 

^ I I Therefore, pinion gear axial displaceawnts at the shaft centerline equal 

bearing axial displacements. Transverse shear deformation is con> 
sidered to be a second order effect. 
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The bearings may take force and/or moment loads and they 

may be initially displaced C^yo»T 2 o)* I’^fure 4. The reaction 

forces and moments on the shaft from the bearings are calculated 

as functions of bearing deflections. The bearing deflections 

can be looked u^on as shaft support displacements, (6 , Y ). 

y 2 

The shaft reaction at any location i is calculated as the 
shaft reaction, at i when all additional displacements 

of the shaft supports are zero, plus the additional reactions 
at i caused by all additional displacements, or bearing 
Je fleet ions : 
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(3) 


BFARING INNER RING EQUILIBRIUM 

The bearing inner ring equilibrium solution is obtained 
by solving the system: 

- (F^)j - 0 i . 1,2...N^ (4) 

for N^bearings. 
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WHERE: 

denotes a vector of the i*th bearing loads and noaents 
resulting from rolling ele»ent/race forces and aoaents. 

(F ). denotes a similar vector of loads, exerted on the inner 
ring by the shaft. 

The variables in this system of equations are the bearing 
inner ring deflections and the shaft displacements (A) 

at all bearing locations. The bearing loads may be expressed 
as a function of the inner ring deflections. 

(Fb) . (Fb Ub)) (5) 

The deflection {A^^} of a bearing is described by two 

radial, two angular and one axial deflection, 6„, 6,, Y„, Y. 

y z y z 

and 6 respectively. The axial deflection, 6 is assumed to 

X X 

be the same for all bearings on a shaft. Positive displacements 

and rotations are in the positive directions of the 

bearing and rolling element coordinate axes shown in Figure S. 

The system of equations represented in Eq. (4) is solved 
with a Newton* Raphson iterative scheme for a quasidynamic 
equilibrium state. 

The latter stipulates that the true dynamic equilibrium 
terms, containing first derivatives of the rolling element 
rotational speed vectors and the second derivatives of rolling 
element position vectors with respect to time, are replaced 
by numerical expressions which are position rather than time 
dependent . 
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ROLLING ELEMENT EQUILIBRIUM EQUATIONS 

The equations which define rolling eleiMnt quasi>dynaMic 

force equilibrium take the form: 

•m 

E [ / ({Q)„ ♦ {f)J • dt ♦ ♦ (F) • 0 (6) 

in • 

m 

WHERE: 

m 1,2, 3 refers to the outer raceway, inner raceway 

and cage. 

{Q}^ is the vector normal load per unit length of the 

contact . 

(f)^ is the vector of friction force per unit length of 

the contact. This force arises from asperity friction 
and lubricant shear. 

(F) is the vector of flange contact, inertia and drag forces. 

t is a coordinate along the contact perpendicular to 

the direction of rolling (usually the major axis). 

a is half the contact length. 

m • 

{F}^ is the vector sum of the hydrodynamic forces acting 

on the rolling element at the m*th contact. 

Rolling element moment equilibrium is defined by: 
a 

m 

E I / {r}„ X ({Q}„ ♦ (f}„) • {dt)J ♦ {r}„ x {F}^ ♦ {M).-0 (7) 

‘ m m m m m i 

m 

(Q) » { f } * {F) » t are defined above, {M}, is a 

^m m mm x 

vector of inertia and flange- induced moments. 
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(r) is ■ vector froa the rolling eleaent center to the point 

iR 

of contact. 


The solution to the equation sets described above generates 
the necessary data to calculate bearing heat generation rates 
and fatigue life. 

In the frictionless elastic solution (P)_ and (f}_ ■ 0. 

in nl 

Additionally, the only rolling eleaent inertia teras considered 

in the frictionless solution are centrifugal force and gyroscopic 

moments. For each roller, the radial and axial force equilibrium 

and the tilting moment about the z axis are solved. 

R 

The friction solution determines roller quasi*dynamic 

equilibrium for five degrees of freedom. The rolling-element 

variables in this solution are x, , y, , and W^. 

lit r o 

WHERE: 


r 


is the rolling element axial position 

is the rolling element radial position relative to the 

outer race. 

is the roller tilt angle about the axis 
W^ is the rolling element rotational speed about the Xj^ axis 
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BEARING FATIGUE LIFE CALCULATIONS 

Within SHABERTH» roller bearing raceway fatigue life ie 
calculated uaing the nethoda introduced by Lundberg'Palmgren (11]. 
The life thus calculated is swdified by Multiplicative factors 
which account for material and lubrication effects. 


To account for non*symmetrical load distributions across a 
line contact, the roller and raceways are thought as being com- 
prised of a number of sliced discs. Raceway and roller 4o fatigue life, 
in millions of revolutions at a given slice is expressed by: 


‘lOmk 


• 

'^emk 


( 8 ) 


is the dynamic capacity of a raceway and roller slice contact pair, defined 
as the load for which the slice will have a 90 percent assurance of 
surviving 1 million revolutions. Index m refers to raceway, 
k refers to slice, n is the index of the last slice, from [11] 


'cmk 


49500 


1.074 




0.778 


{Z(l 1 Yjj)) 


mk 

0.25 


(tv) 


0.222 


(9) 


m • 1,2 (outer , inner) 
X ■ 0.61, k-1 or k*n 
A ■ 1 .0 , k*2 -►n-l 
Dj^« slice diameter 



Dj^cosa 

~^ink 


. ■ slice width 

m g K 

Z ■ no. of rollers 
■ slice pitch dia. 

a > contact angle 


The upper sign is used for the outer race, the lower sign refers 
to the inner race. the equivalent load for the slice. 
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u 


is the individual roller contact load on the k*th slice 
and c ■ 4.0 or c ■ 4.S depending* respectively* upon whether the 
applied load rotates or is stationary with respect to the raceway 
in question. 


The L|q life of a raceway is given by 
^lOm “ *2*3*3 4osdc ^ 


UD 


where e is the Weibull slope exponent* here taken to be 9/8 
for roller bearings. 

is ® life improvement factor to account for improved 
materials . 

a^ is a life improvement factor to account for full film 
lubrication. 

is a life adjustment factor which is less than 1 when 
full film lubrication is not obtained. 

The life of the bearing considering both raceways is: 
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( 12 ) 


In [12] the form of a reduction factor accounting 
for the effect of surface asperity interaction was deduced and 
its parameters were set to best fit to a large body of rolling 
contact life test data. 

* 

As employed in program SHABERTH* the reduction factor (a^) 
for tenth percentile life is calculated as follows: 


»3 ■ 


11 




-1/e 


(13) 
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where: 

♦ (h/o) 



^(•) ■ density function of stenderd norael 
distribution 

♦(•) ■ cuMuletive distribution function of 
standard norswl distribution 

h/o"A ■ ratio of plateau film thickness to 
surface roughness for siost heavily 
loaded roller 


LUBRICANT FILM THICKNESS 

The elastohydrodynamlc (EHD) film thickness, h, at each contact is computed 
as the product of the film thickness predicted by the Archatd-Cowking [13] (point 
contact) Dowson-Hiesinson fl41 (line contact) foimulas and two reduction factors 
and The factors and ♦g account respectively for the 

reduction in film thickness due to heating in the contact inlet 
and the decrease in film due to lubricant starvation, i.e., due 
to the finiteness of the distance between the contact zone and 
the inlet oil meniscus. In equation form, 

h - ^ 

D.H. 


( 14 ) 
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The Archtrd'Cowking and Dowaon-Higglnton fila thicknaaa foraulaa 
takes the following foras, respectively 


••a.C. ■ (Q/E')"’®^^ 


R^»R^ ■ effective radii of curvature parallel and transverse to the 
rollins direction 

R - IRx’^ ♦ Ry’h'^ 

V ■ pressure viscosity coefficient 

V • lubricant entrainment velocity 


Q 


maximum load per unit length 

1 


load 

1-v? 


1 1 * vi . I 

2 I-^ ♦ ^ 


1 


n 


h 


»v 


2 

2 


absolute viscosity 

Young’s modulus for the contacting bodies 
Poisson's ratio for the contacting bodies 
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DESCRIPTION OF ANALYSES 

The enelyeee were lapleaented in two phesee. SHABERTH 
software was initially applied to the "original" straddle 
and cantilever pinion designs whose diaensions are given in 
Tables 1 and 2. The tabultated paraaeters, along with Figure 1 
and Figure 2 , specify the geoaetries of the original designs. 
These configurations resulted froa an analytic study docuaented 
in reference (9]. The direct objective for that effort was to 
create a 400 kw load support systea operating at 36,000 rpa and 
150*C, whose bearing ■-lO life expectancy was 2S00 operating 
hours at 601 of the applied gear load. The load vector 
(• 3800. 1200 , -4800) Newtons defines the noainal gear load vector 
used in the following material. 

A detailed description of the support bearing geometry is 
given in Figure 5. Note that pairs of these bearings were used 
for all analyses. Materials were modelled as M*S0 tool steel 
(Young's modulus*2 . 04 (10)^N/mm^ , Poisson's ratio ■ .3, 
weight density*7.87(10) Bearing material life factor«5). 

A sequence of computations was made at 60. 75. 100 and 
ISO percent of the nominal applied gear load to quantify design 
performance over a load spectrum. Conditions of zero preload 
and line*tO'line fits were used . while shaft wall thicknesses 
of lot and 1001 of the diameter were considered to explore the 
potential for reduction in mass. 

The effects of changing bearing spacing and adjusting pinion 
location relative to the bearings were also evaluated to minimize 
assembly mass while maximizing bearing life. 
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Th« first phast analyaas wara coaplatad by Invastlgating 
tha affacts of praload and intarfaranca fita on tha load dia- 
tributlona» baaring rating livaa and pinion gaar daforaationa. 
Praloada wara variad from 0.0 to 218. 8N to rapraaant axiating 
baaring daaign practica. Tha intarfaranca fita batwaan tha 
shaft and innar ring (cona), and outar ring (cup) and housing 
were salactad to ba 0.01 nai and O.Onn, raapactivaly. 

In the second phase of tha analysis. SHABERTH was axacutad 
at Level 1 to evaluate the perforaance of the original pinion 
geometries and observe bearing heat generation rates, internal 
load distribution among rolling elamants, centrifugal effects, 
and film thickness within concentrated contacts over a range 
of operating speeds (10,000-60,000 rpm) (0.33*2.0 x lO^DN). 

Later on, reference is made to program input defining the 
roughness of the contacting surfaces and lubricant properties. Center 
line average (CLA) roughness at the outer race, inner race, roller and 
flange were selected to be 0.1^. J.U, 0.08 and O.OSum. RMS asperity 
slopes were taken as 2*. The lubricant was a MIL*L*23699 oil. 

Heat generation rates due to friction at the roller 'flange 
and roller -raceway contacts were computed. Bearing load ratios, 
rating lives and normal contact loads at the flange and race- 
ways were developed as functions of speed. Finally, EHD film 
thicknesses and the portion of the contact loads carried by 
asperities at the flange and raceway contacts were determined. 
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DISCUSSION OF RESULTS 

Results froa th« ph«»t on* of coaputtr runt art pro* 

vMed in Figurtt 1*14. Shaft spaed and taapersturt wart aaintainad 
at 36,000 RPM and IS0*C, raspactivaly . Note also that the bearings 
were aounted back*co*back for the straddle designs and front* to* front 
for the cantilever designs (see Figures 1 I 2). These orientations 
provided superior perforaance within the confines of the design space 
envelope for the specified loading condition. Only results for these 
orientations are presented, although test cases were coapleted con* 
sidering the reversed aounting arrangeaents. 

Oriainal Pinion Configurations 

It is significant to understand the distribution of the gear load 
vector among the support bearings in order to optimize the life of the 
design. In particular, it is of interest to flag catastrophic failures 
such as galling. Such failures could occur due to overstressing of 
material attributed to unexpectedly large loads. A series of curves 
providing various bearing load ratios as a function of the applied 
gear load are presented in Figure 6 to provide design guidance for 
the particular configurations under investigation. 

Specifically, graphs of bearing load ratios (radial/axial for 
each bearing of a particular design and axial/axial for each design) 
for various percentages of the gear load are presented for the original 
straddle and cantilever geometries. These data are for conditions of 
zero preload, 1001 wall thickness (solid shaft) and line*to*line fits. 

Comparison of the load ratios for both designs demonstrates that 
the straddle configuration distributes both radial and axial loads more 
equally. The axial load ratios (left/right) for the straddle vary from 
approximately 1.8 to 2.6 with gear load ranging (60*150) percent of the 
nominal applied load. Cantilever ratios (right/left) are approximately 
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1.9 to 2.9 ovor th« load range. The (left/right) bearing radial 

load ratios, not shown in Figure 6, were coaputed to be 1.3 and 2.4 
for the straddle and cantilever, respectively, over the entire range 
of gear loads. 

The tapered rolling eleaent bearing's coupling of radial and 
axial loads is seen to produce an axial load equilibriusi distribution 
which significantly aaplifies the applied thrust gear load for the 
bearing opposing the axial gear load. Using the axial load ratios 
given in Figure 6 and considering axial equilibriun, the thrust 
carried by the left bearing of the straddle is coaputed to be 2.2S 
times the applied thrust at 601 of the nominal gear load. This 
reduces to 1.63 times the applied thrust at the ISOI load level. 

The corresponding factors for the right bearing of the cantilever 
design are 2.1 and 1.53 at the 60t and ISOt load levels, respectively. 
\s the gear load increases, the bearing carries isore of the applied 
load as radial load. 

Radial/axial load ratios increase markedly over the specified 
load range for both designs highlighting the systeu's nonlinear 
character. The lightly loaded (right) bearing for the straddle 
shows an 831 increase. This ratio more than doubles for the left 
bearing of the cantilever. 

L^q lives are presented as a function of gear load for both 
geometries in Figure 7. Each configuration shows, as expected, 
continuously decreasing life with increasing gear load. Bearing 
life for the life*limitin( right bearing of the cantilever decreased 
91t from 3448 hrs. for the gear luad range of (60*150) percent of 
nominal. The straddle design demonstrates approximately 301 greater 
limiting bearing rating life at all load levels. In the cantilever 
design, the life-limiting bearing location switches shaft position 
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at an applied load level between 60t and 7St of noMinal. The 

magnification of the applied thrust load imposed on the left bearing 
reaches a maximum (llOt) at the minimum aoplied load (Figure 6), 
explaining its shorter lifespan at the 601 load level. 

The preceding cases were also run using a hollow shaft 

(101 wall thickness). The large variation in wall thickness 

was found to have a small (<St) effect on the load distributions 

and bearing life performance. This is due to the short, stocky 

nature of the shaft and the associated small deformations. 

A significant shaft weight savings is obtained by taking 

advantage of this result. The availability of a hollow 
shaft provides inner race lubrication design flexibilitv. 

Deformations at the point of load application are com* 
pared for the cantilever and straddle designs in Figure 8. 

Ratios (straddle/cantilever) of displacements and rotations 
show the straddle enjoys a significant advantage, except for 
the axial displacements, which are approximately the same mag- 
nitude. Ratios of radial displacements range from 0.37 at 601 
nominal load to 0.54 at 1501 nominal load. Pinion rotations 
(Yh»Yv^ vary from (0.25,0.05) to (0. 4, 0.09) , respectively, over 
the given load spectrum. 

In Figure 9, the effect of shaft wall thickness on the 
deformation of the pinion is evaluated for both designs at 
the 60« and 1001 load levels. Ratios (lOOt/lOt wall thickness) 
of displacement and rotations are insensitive to these shifts 
in load for both designs. 
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Horizontal rotations for the straddle exhibit the maximua 
percent change (•'81). The cantilever rotations are affected siore 
by changes in shaft wall thickness than those of the straddle. 

At 601 nominal load, the horizontal rotation ratios are .47 and 
.63, respectively, for the cantilever and straddle. This trend 
reverses for the radial displacement ratios. 

Alternate Configurations 

Alternate bearing-shaft configurations were considered. The 
kiffccts of changing bearing spacing and adjusting the pinion loca- 
tion relative to the bearings were evaluated. Referring to Figure 
1 and Figure 2, the specific geometries considered are defined in 
Table 1 and Table 2. Shaft wall thicknesses of lOt, line-to-line fits 
and a 601 load level were employed to develop these data. 

Closer bearing spacings and/or shorter span lengths degraded 
bearing rating life for both the straddle and cantilever geometries. 
Limiting bearing rating life for alternate cantilever designs 
(cases 1 and 2) decreased by 41 and 481, respectively, from the 
original design life of 3388 hrs. In these designs, the overhang 
increased but the overall length was held fixed. The straddle 
design with the asymmetric pinion gear location (case 3) demonstrated 
a decrease in life of 41 from the original design value of 4434 hrs. 
This was expected, since the applied gear loads are distributed 
less equally among the support bearings. 
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Limiting bearing rating life versus percent decrease in 
bearing spacing is displayed in Figure 10 for the straddle 
(cases ■ 0, 1, 2, 4) and cantilever (cases • 3, 4, S) designs. 

These alternates were obtained by reducing shaft length between 
the bearings. A 44t decrease in bearing spacing is seen to 
reduce bearing life by approximately 111 for the straddle and 
81 for the cantilever. Comparing the straddle (cases>l,2) 
and cantilever (cases«0,3), respectively, it is noted that the 
straddle configuration provides greater limiting bearing rating life 
(^251) than the cantilever geometry for identically sized 
arrangement s . 

Radial displacement versus percent decrease in bearing 
spacing is presented in Figure 11 for these same designs. 
Cantilever deflection increases 71 for the corresponding 441 
decrease in spacing. A similar result was reported in [8] 
for cantilever designs with short spans, where bearing deflec- 
tion controls pinion motion. An opposite trend is displayed 
for the straddle where the shaft, stiffened by a decrease in 
length, dictates pinion deflection. Straddle radial deflection 
decreases 271 for a 441 decrease in bearing spacing. Since the 
gear deflection in the cantilever design is controlled by the 
bearing deflection, this explains why the cantilever radial 
displacement was less sensitive than the straddle to shaft wall 
thickness (Figure 9). 
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Preload and Fit« 

The influence of preload and interference fits on bearing 
life performance is illustrated in Figure 12 and Figure 13 for 
the original straddle and cantilever designs. These graphs of 
bearing rating life versus preload with 0.0 mm (line-to-line) and 
0.01 mm interference fits are for a preload range (0.0 * 218.3) N. 
Shaft wall thicknesses are lot for the straddle and cantilever 
configurations. Gear loads are 601 of the nominal applied load. 

It is interesting to note that, for each design with a 
linc-tO'line fit condition, the bearing not opposing the applied 
thrust has a dramatic increase in life with increase in preload 
before the life decays. The life of the companion 
bearing decreases monotonically. The straddle shows a 1S3I increase 
in life over the preload range (0-78) N. The corresponding 
increase for the cantilever is 9201. 

A similar effect was documented by Taha, et al , [8] for 
a cantilever geometry. The behavior is associated with the 
number of rollers sharing the load. In Figure 14, roller loads 
are plotted f'^r the straddle at preloads of 0.0 N and 78.0 N, 
respectively. The 78.0 N preload forces 15 of the 19 rollers to 
cany the gear load, as opposed to 5 rollers at zero preload, 
so that initially there is an increase in life. As the preload 
continues to increase above 78 N the roller loads become life- 
limiting. This phenomenon could possibly be exploited to 
reduce design mass and volume requirements by specifying use 
of a smaller bearing in place of the bearing that experiences 
increased life. At the interference fit of 0.01mm, all the 
rollers are loaded. Therefore, the bearing life decreases 
with increasing preload. 
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Lubrication and Friction Effects 

The remaining computation results detail the effects of 
lubrication and friction on the performance of the pinion. These 
data evolved using the original straddle and cantilever designs 
with 101 wall thickness and a 601 gear load level. The interference 
fits between the cone and shaft was 0.01 mm. A constant operating 
temperature of 1SU*C was specified, since this represents an 
upper limit. Preload was set at 43.1 N. 

In Figure IS, radial/axial bearing load ratios are given for 
the left bearing of the straddle and right bearing of the cantilever 
as functions of speed. The torque on the pinion was constant. 

Since all rollers are loaded, the centrifugal forces on the rollers 
Jo not affect the resultant radial load, liowever, the axial load 
increases producing approximately 56t reductions in the load ratios 
for the straddle and cantilever designs over the speed range 


110,000-60,000 RPM) (0.33-2.0 x 10^ DN). 

lives for these bearings are displayed in Figure 16. 
Comparison with previous results demonstrated a 

marked decrease in life, more than 501 , at the 36,000 rpm operating 

* 

speed. Life adjustment factors (a^ in Lq. (13)) were computed to 
be less than 0.5 and account for this result. This indicates a 
failure to generate an adequate separating elastohydrodynamic film. 
Causes for an inadequate EHD film are: (1) a drastic reduction in 
lubricant viscosity from 28 centistokes at 37.8"C to 2.6 centistokes 
at the specified operating temperature of 150*C, (2) insufficient 
replenishment layer thickness (i.e.. 


\ 

i 

I! 


starved contact) . 
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It is noted that most of the decrease in life up to 36,000 rpm 
shown in Figure 16 is simply the conversion from life in revolutions 
to life in hours. However, the knowledge of life in hours is more 
significan; for this particular application since it is the survival 
time of the helicopter which is of interest. 

The rate at which energy is dissipated as heat (HGR) by the 
bearings is tabulated as a function of speed in Figure 17 for the 
straddle design. The sum of the bearing losses ranges from 1.11 to 
4.7t of the total power transmitted by the pinion over the speed 
spectrum. 

The distribution of power loss within the bearing complement 
is illustrated graphically in Figure 17. Percentages of bearing 
total HGR produced at the outer ring, inner ring and flange 
contacts arc presented as functions of speed for both bearings 
of the straddle. Cantilever results were virtually identical, 
where the roles of the left and right bearings are reversed. 

The primary heat generation contribution comes, as ex/iected, from the 
flange contact. The majority of the remaining heat is generated at the 
raceways. Flange contacts account for approximately 55t of 
bearing HGR at all speeds. Inner ring HGR's vary from ISi to 
S% over the speed range (10,000-60,000 rpn) . Rolling element 
drag, cage- roller and cage-land interactions are the remaining 
sources of power loss. These results indicate the potential 
for sharp thermal gradients within the bearings. 
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lillD film thicknesses at the outer ring» inner ring and 
flange contacts are shown in Figure 18 as functions of speed. 

These data correspond to the maximum loaded roller of the left 
bearing of the straddle. Analogous results were obtained from 
studies of the cantilever arrangement. 

Film thicknesses at both raceways increase approximately 
2001 over the entire speed range. The increase at the outer 
race is due to increased lubricant entrainment velocity counter- 
acting a reduction caused by increased contact load. This 
trade-off is characterized analytically in Eq. (IS). The flange 
film thickness increases 43t for the speed range (10, 000-36, OOOrpm) . 
Above this speed, increasing contact force due to the centrifugal 
effects causes a slight reduction ( 131) in the film at 60,000 rpm. 

Note that at the lower rotational speeds (20,000 rpm), the 
EHD film thicknesses are about the same magnitudes as the input 
values for CLA surface roughnesses. This observation, together 
with the symptom of low life adjustment factors, expresses the 
inability of the lubricant to produce an adequate separating film. 
The percent of load carried by the asperities (Figure 20) at the 
contacts quantifies this problem further. 

Graphs of normal loads as a function of rotational speed at 
these contacts are shown in Figure 19. At 60,000 rpm, the load at 
the inner race decreases by 7.31 from the value 820 N at 10,000 rpm. 
For this speed range, the loads at the outer race and flange 
increase by 1001 and 4001, respectively. 


As a conpleiaent to Figure 18 and Figure 19, the fraction 
of total contact load carried by the asperities versus speed is 
presented in Figure 20. The SHABERTil asperity contact iK>del is 
based on the work of Tallinn [IS]. At 10,000 rpn, the asperities 
carry nearly all the load at the flange and approxisuitely 70t 
at the races. This reduces to SOI, 201 and 81, for the flange, 
inner race and outer race, respectively, at 60,000 RPM. 

Typically, the load borne by elastic deformation of asperities 

is a small percentage (<SI) of the total, the remaining load 
being carried by the HHD film. 

It is noted once again, that this analysis was made for a 
constant operating temperature of 1S0*C. Thus, for safe operation 
of this bearing in this range of speed and load conditions, some 
lower temperature must be maintained and more lubricant supplied 
to the various contacts. 

SUMMARY AND CONCLUSIONS 

An analysis and series of computerized computations were 
carried out to explore competing prototype design concepts of a 
shaft and (.33-2.0 x 10^ DN) tapered-roller bearing system to 
support the input pinion of an advanced commercial helicopter 
transmission. The results were used to evaluate designs for, 
both, a straddle arrangement where the pinion gear is located 
between the bearings, and a cantilever arrangement where the 
pinion is outboard of the two bearings. 

Effects of varying parameters including applied gear load, 
preload, wall thickness, interference fits, bearing spacing and 
pinion gear location on system rigidity, load distribution and 
bearing rating life were explored. 
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A comparison of the bearing load distributions for these 
designs demonstrated that the straddle more equally distributes 
both radial and axial loads. This impacted bearing rating life, 
wherein the straddle exhibited superior performance. Analyses 
of alternate designs reiterated this conclusion by demonstrating 
increased L^q life ( 251) for the straddle compared to the canti- 
lever for identically sized arrangements. 

Deformations at the point of load application were also 
monitored. The straddle enjoyed a significant advantage over the 
cantilever at all load levels. As in [8], consideration of alter- 
nate cantilever designs with reduced bearing spacing, demonstrated 
the existence of an optimum spacing with respect to pinion 
deflection. This same effect was not exhibited by the straddle. 
Radial deflection decreased with decreasing bearing spacing. 

The influence of preload on bearing life performance illus- 
trated a marked increase in life over a substantial preload range 
for the bearing not opposing the applied thrust. Use of a smaller 
bearing in its place represnets a potential means to conserve 
design mass and volume. The L^q life for the thrust carrying 
(life-limiting) bearing decreased monotonically with increased 
preload. 

Effort was expended to detail the performance of these designs 
over a range of shaft rotational speeds with lubrication and 
friction effects included. 
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Resulting lives for both designs illustrated that the 
proposed lubricant scheue precipitated reduced perforuance at 
the specified operating teaperature. Life adjustnent factors 
less than 0.6 were conputed at the roller*race contacts at all 
shaft speeds because of thin filas caused by low operational 
lubricant viscosities (and insufficient replenishaent layer 
thickness). Ratios (A) ranged froa 0.S6 • 1.74 for these 
contacts over the speed range (10,000 • 60,000 rpa). 

The current analysis was perforaed without the benefit of 
an interacting thermal analysis which couples the loud support 
system with its thermal environment. The sensitivity of the 
design performance to preload, coupled with the potential for 
large thermal gradients and high heat generation rates predicted 
by analysis, indicates the merits of a future examination which 
takes proper account of interacting bearing and system generated 
heat sources. 
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I I. INTRODUCTION 

I This analytic portion of tha program provldaa a prallmlnary 

design of a support system for the high speed (36K rpm) Input 
‘‘ pinion. Previous analytic work [1] to define taper configurations 
using a pair of M88000 series bearings revealed that 

I • straddle arrangements are preferable to cantilever 

arrangements since they provided larger minimum 
I life for the same system mass. 

• the capacity, and therefore size, of the bearing 
.• ..ot opposing the applied thrust load could be 

reduced since ]ts could be pushed well 

above the accepted value (2500 hrs at 60S nominal 
gear load (NOD) by adjusting the preload. 

This current effort was directed at selecting an optimum 
straddle design using an M88000 bearing to carry the applied 
I thrust load and a smaller taper to oppose It. Initially, two (2) 

! svstem configurations were considered. The opposing bearing was 
selected through parametric studies. Preloads and fits were 
selected and the effects of lubrication, friction and thermal 
I interactions were evaluated by exercising SHABERTH [2] at level 
zero (0) and one (1), respectively. 

I’ An optimal design configuration, selected on the basis of 

' weight, for allowable L^q ^IC® (>2500 hrs at 601 (NGL)) and pinion 

deformations (displacements <.001 In. and rotation <.l^ at 100]l NGL), 
r were obtained through parametric studies at level zero. Parameter 
li variations Included: fits (O.D., I.D.), preload, and size (type) 

of bearings, not opposing the thrust load. The 2 new designs were 
n compared to the dual M83000 design performance, used here as a 
I! baseline. 


£ 


SKF technology services 

S<f iNOuSTUlES (NC 


REPORT NO; AT81D017L 
CODE: LC135 

PAGE: 2 


Subsequently, s stesdy-stste thernsl snaiysls of the 
optimum arrangement was performed using the SHABERTH code at 
level (one) with the thermal analysis option activated. This 
thermo-mechanical analysis enables final selection of fits, 
preloads, and lubricant flow rates, and confirms the acceptability 
of the selected pinion designed. 

A description of the analysis to select the small bearing 
Is presented In Section IX. The thermomechanlcal analysis Is 
described In Section III, followed by a summary (Section IV). 


II. DEFINITION OF PINION DESIGN - ANALYSIS AT LEVEL « 0 


II. I Analytic Procedure 

The strategy employed to determine the optimum bearing pair 
In a straddle configuration Is defined In Figure 1. 

A taper bearing series for the number II position, and 
minimum values for percent gear load and preload are selected. The 
test case is executed and the bearing fatigue lives are evaluated. 

the minimum Liq life Is less than 2500 hours under these con- 
ditions, the design will not satisfy the life constraint and a new 
bearing type Is selected. If the fatigue life Is acceptable, 
preloads are varied and the gear load Increased to Its nominal 
value to check the deflection constraint. Results are stored and 
ranked with respect to fatigue life. The next bearing type is 
then introduced for a similar analysis. The alternate taper 
bearings selected are from the LM67000 and LM11700 series. They 
are described in detail in Appendix A. The M86000 series bearing, 
used to establish a performance baseline, is described there as 
well . 


The shaft support system designs are given by Figure 2 and 
Table 1. Computational details for bearing preload calibration 
and gear loads are provided in Appendices B and C, respectively. 
All analyses were performed at a shaft speed of 36,000 rpm and at 
a temperature of lOO^C. Additionally, the wall thickness was held 
fixed at 50f. Each bearing center, right and left positions, was 
located 38. U mm from the point of load application on the pinion. 
This enabled consistent evaluation of the relative performance of 
each bearing series. 
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1 1. 2 Wtiulf of ParRattrlo Extoutlon 

Initial paramatrio atudiaa of tha two altarnata daaign oon- 
figurationa for tha pinion raaultad in tha aalaotion of an LM11700 
for tha right baaring. Thia arranganant minimizaa tha waight, and 
offars auffioiant fatigua Ufa and atiffnaaa to aatiafy tha daaign 
constraints. (Lin >2500 hrs at 60t of tha nominal gaar load, gaar 
daflactiona <0.00i in. (0.0254 mm), gaar rotation <0.1® it lOOl of 
tha nominal gaar load). 

Tha ra.nults from tha paramatric studias ara prasantad in 
Tabla 2. Thasa SHABERTH axacutions wars carriad out at laval zaro 
undar tha following conditions: Shaft spaad • 36,000 rpm. Shaft 
Wall thickness • 505, Fits • lina-lina, Tamparatura • lOO^C. Gaar 
loads ware spacifiad at 60 or 1005 of tha nominal applied gaar 
load. Preloads ranged from 0>222.4N (50 lbs). In each configuration, 
both bearing centers were held at 36.4 mm from tha point of load 
application. The M86000 was employed to define a performance 
baseline for the right bearing since it was known to be adequate. 

A comparison of fatigue lives at the 60S load levels shows 

that 

• The limiting bearing twitches from left to right. 

• The limiting bearing life increases with the intro- 
duction of either the LM67000 or the LM11700. 

• The effect of preload on Liq life of each bearing is reversed 
at 60% NGL when the LM11700 bearing is emoloved. 


The explanation for the first two results is attributed to 
the improved load distribution. The reduced contact angles (from 
200 in the M88000 to 15. 37° and 10.8® in the LM67000 and LM11700, 
respectively) enables a substantial reduction in the axial load 
carried by the left bearing. The smaller load yields a larger Liq 
life. The reversal in the effect of preload comes about because 
the fullv-loaded roller complement in the left bearing becomes 
partially unloaded when the LM11700 is employed. 
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Tht lift Inorttsts with prtlotd sinct incrttstd prtlotd forctt 
mort rolltrt to otrry tht load. Tht dtfltctiont/rotationt at tht 
ftar mtsh at 1001 noainal gtar load art within tht allowablt 
limits in all oattt. 

Paraattric atudits wtrt coapltttd on tht pinion support 
systta to asstss tht variation of btaring fatigut lift ovtr a 
rangt of btaring canttrlint-to-cantarlint distancts. Thtst 
tvaluations wtrt conduottd using SHABERTH-Ltvtl 0, an tlastic 
solution, and SHABERTH-Ltvtl 1, which includes friction and 
lubrication tfftets. Preloads wtrt aaintaintd at 222. AN (50 lbs), 
and the gear loads wtrt 60S of the noainal value. Other operating 
conditions wtrt fixed at their previous values. Tht results of 
thtst studies art plotted in Figure 3 and show that: 

• Tht LM11700 btaring is the lift limiting element in 

tht proposed system. * 

• An increase in btaring separation increases the 
estimated fatigue live.* of both bearings. For tht 
critical LM11700 bearing, the lift varies from 1200 
hours at a distance of 38>A mm to 7200 hours at 76.8 mm, 
calculated at Level 1. 

• The addition of lubrication and friction effects to the 
analysis produces a decrease in tht lives of both 
bearings, i.e. equal to a loss of 600 hours in the 
critical LM11700 bearing. 

The losses demonstrated at Ltve’ were attributed to 
starvation effects at the minimal lut flow rate assumed for 

these test cases. It was anticipate Mat the trend would reverse 
In future thermal evaluations cond :te' with larger lubricant flow 
rates, given that the bearing temp- . ures would remain close to 
the current operating values of lOO'-C. 

The design constraint that the bearings have a 2500 hour 
L]^0 nominal applied gear load dictated a minimum 

bearing centerl Ine-to-centerl Ine distance of A5 mm (see Figure 2). 
Previous calculations established that gear deflections are 
maintained within the specified levels using separations as large 
as 76.0 mm. Therefore, for Improved system performance, the 
bearing separation distances should be increased to the maximum 
allowable envelope, .*«i:bject only to the welght/slze limitations of 
the total system. 
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III. PURTHBR BVALUATZON OP THE SELECTED DESIGN 

THEEHAL kUKUlt AT ' LEVBLTr 


INTERACTING 


Afttr flntlizing th« btarlng s«p«ratlon param«t«r at 
55''Wi« a tharmi.l analyaia waa parformad on tha aalaotad 
atraddla daalgn. Praload, Pita, and lubricant flow rataa 
wara varlad, to asaaaa thair affact on ayataa parforaanca, 
and to optlffllza aalaotion of thaaa paramatara. 


III.l Ganaral Dascrlptlon of Tharaal Modal 

A SHABERTH ataady-stata tharaal aodal waa praparad for 
tha aalaotad atraddla daalgn, which conaiata of a aagnaaiua 
alloy houaing and a ahaft with two taparad rollar baaring 
aupporta of ataal (aaa Figuraa 4, 5). 


Tha machanical atructura to ba analyzad ia thought of aa 
divided into a number of alamanta or nodaa, each rapraaantad by 
a tamparatura. Tha net heat flow to node i from tha aurrounding 
nodaa j. plua tha heat generated at node i, muat numerically 
equal zero. Thia is true for each node i, i going from 1 to n, 
n being tha number of unknown temperaturea . 


After each calculation of bearing generated heat, which 
results from a solution of the shaft-bearing system portion of 
the program, a set of system temperatures is determined which 
satisfy the system of equations: 


^ Qoi ^gl * 0 temperature nodes i 

where 

qoi is the heat flow from all neighboring nodes to node i 

qgi is the heat generated at node i. These values may be 
input or calculated by the shaft bearing program as 
bearing frictional heat. 

The transfer of heat within a medium or between two media 
can occur by conduction, convection, radiation and fluid flow 
(mass transport). 


All these types of heat transfers occur in a bearing 
application as the following examples show. 

1) Heat is ' I ansferred by conduction between inner ring 
and shaft and between outer ring and housing. 
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2) H«At It trtntftrrtd by oonvtotlon bttwttn tht turftce 
of tht houtlng and tht turroundlng tir. 

3) Htat it trtntftrrtd by rtdittlon bttvttn tht thtft 
tnd tht housing (contidtrtd ntgligiblt for eurrtnt 
tntiytit). 

U) Whtn tht bttrlng it lubrictttd tnd oooltd by circul- 
ating oil, htat it trtntftrrtd by fluid flow. 

Thtrtfort, in calculating tht ntt flow to a nodt all tht 
abovt mtntiontd modtt of htat tranaftr, txctpt radiation wert 
contidtrtd . 

III. 2 Taptrtd Bearing Straddlt Dtaian Thtrmal Modtl 

Figure 4 shows the geomttric modtl and tht nodal system 
for the metal components and surrounding fluid media. 7ht 
housing was taken to be magnesium while other metal nodes were 
considered to be steel for the purpose of obtaining heat con- 
duction coefficients. There are five nodes for each tapered 
roller bearing, seven shaft nodes (including the gears) and 
five housing nodes. In addition, there are two air nodes. 

This nodal network provides for accurate local as well as 
global monitoring of component temperatures. 

The lubricant flow paths and nodes are shown in Figure 5. 

It was assumed that oil from the chiller (node No. 30) exited 
at constant temperature (83^C). The oil flow is separated 
into four paths, two for the bearings and two for the gears. 

The calculation for the heat convection includes interactions 
between the 

1) fluid and bearing rolling element, race and cages 

2) fluid and gear surface 

3) shaft and housing surface and surrounding air 

4) oil and housing surface 

5) housing external surface and the ambient air which 
is assumed to be at a constant temperature (21^0). 

Appendix D details the calculations used to define conduction, 
convection and mass transport heat transfer coefficients for 
this tapered bearing straddle arrangement. 


I 
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III. 3 Ptrwfr Soto 1 float lont 

Input pinion oporatinc paraaottrt that war# hold eonatant 
throughout tha analyala inoluda tha following: 

• Shaft SpaaU - 36,000 rpa 

• % Shaft Wall Thloknaaa - 501 

• Lubricant - Santotrao 50 

Tha proiaot dafinition raquirad aiaulation at both 60S NOL, 
whara fatigua lifa aaaaaaaanta of tha propoaad syatam wara nada, 
and at lOOl NOL, whara pinion daforaationa wara avaluatad. 

Input variablas assooiatad with aaeh of thaaa loading 
oonditiona ara as follows: 

• Oaar load vactor (Fx,Fy,Fj) :(-3578, 108U,-U509) N at 1001 NOL 

(-2147, 650,-2705) N at 60S NOL 

• Powar lossas at tha baval and tail rotor driva gaar, 
raspaotivaly : 

(5600, 616) watts at lOOS NOL 
(3360, 320) watts at 60S NOL 

Tha purposa of this tharoal analysis was final salaction of 
preloads, fits, lubricant flow rates and verification of the 
resultant taper straddle design. This required evaluation of the 
coupled thermal and mechanical interactions of the proposed hardware 
and its environment. Accordingly, parameters that wara selected 
to be varied included: 

• Lubricant flow rate to bearings (0.528-2.38x10*^ 1pm 
(0.2-0. 9 gpm)) 

• Preload applied to each bearing (0-222 N) 

• Shaft and housing fits (0.0-0.01 mm) 


Also, the selection of bearing centerline-to-centerline 
distance was reevaluated. This was originally set at 55 mm 
(Figure 1; Li^s30 mm, L^s 25 mm), where adequate system life had 


0 



SKF TECHNOLCX5Y SEPVCES 

SKCiNDusraes.iNC 









RIPCWT NO: AT81D03IL 
cool: LC135 

lAd: 8 

b««n •ohltvtd In th« prtviout analjrstt. That* valuas raaalnad 
oonatant throughout tha initial tharaal paraaatrio atudiaa» whara 
optimal ayatam oparating oonditiona wara found by varying tha 
abova paraaatara. Howavar, thaaa analyaaa indioatad marginally 
aooaptabla ayatam Ufa at thia aaparation, ao that largar aaparationa 
wara oonsidarad. 


III. 4 Summary of Tharmomaohanioal Analvaia 

Praliminary analyaaa had ahown that tha LM11700 (Pigura 1 - 
Baaring II) ia tha ayatam lifa limiting baaring. Tharafora« atudiaa 
avaluating ayatam lifa foouaad on tha oparating oonditiona naoaaaary 
to aohiava tha raquirad 2500 houra lifa in that baaring. 

Tha raaulta of a atudy axamining tha ralationahip batwaan 
lubricant flow rata to tha baaringa and ayatam lifa ia ahown in 
Flgura 6. For thia atudy, tha maximum praload (222N) waa appliad 
to both baaringa, and tha flow rata variad from 0.528-2.38 x 10*^ 1pm 
(0.2 to 0.9 gpn). Tha fit analyaia option waa not aotivatad. 

At tha apaclfiad maximum flow rata of 0.106 1pm (0.4 
gpm), an Liq ^714 houra waa pradictad for tha lifa limiting 

(LM11700) baaring. This low lifa ia diraotly attributabla to tha 
small film thicknaas ganaratad within tha LM11700, daspita simulation 
of fully floodad (i.a. no starvation) conditions. 

Film thicknaas (h) is a function of baaring gaomatry, lub- 
ricant and tamparatura. Sinca tha formar two ara constants in 
this analysis, inoraasad film thicknaas (and tharafora, incraasad 
lifa) could only ba achiavad by daoraasing baaring oparating 
tamparaturas. This was dona by incraasing tha flow rata (haat 
ramoval through mass transfar) to tha baaringa. As Figura 6 shows, 
tha LM11700 lifa incraasas to 2159 hours at 0.158 1pm (0.6 gpm) 
and to 2434 hours at 0.238 1pm (0.9 gpm). Just slightly undar tha 
raquirad 2500 hours lifa. 

Tha study was rapaatad with tha fit analysis option 
activatad ( lina-on-lina ) for praloads of 44.48, 133*45 and 222.0 
Nawtons. This couplas tha baaring claaranca and tharmal analysas 
togathar. Tha rasults (Figura 7) at this minimum fit condition 
claarly show tha naad for a small (44.48 N) praload and larga 
lubricant flow rata of 0.238 1pm (0.9 gpm). Tha lifa at thasa 
conditions was found to ba 2300 hours, tha bast parformanca for 
this configuration. Diminishing tha flow rata to tha spacifiad 
0.106 1pm (0.4 gpm) dacraasas systam lifa to 1588 hours, only ^3^ 
of that raquirad at 60S NGL. 
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Th«s« studl«s Indloat* that tha pinion daalfn balna Invtst- 
igatad will not aehiava 250C houra Ufa at 60S NOL, with flow 
rataa of 0.106 Ipa (0.4 gpa). For thia raaaon» additional paraaMtric 
atudiaa wara iaplaaantad. 

Subaaquant aiaulationa, in which tha baaring oantarlina- 
to-oantarlina diatanoa waa inoraaaad froa 55 aa to 69 aa, ahow 
adaquata lifa oan ba obtainad (Tabla 3)> Tha inoraaaa in lifa ia 
oauaad by daoraaaad raaotion loada at tha lifa Halting LM11700 
baaring. Tabla 3 liata partinant input paraaatara and baarfng 
livaa for aix aiaulatjona. All aiaulationa at 601 NOL and 0.238 
Ipa (0.9 gpa) flow r«.^;a achiavad 2500 houra lifa, ragardlaaa of tha 
fit. Tha praload waa ?at at 44.48 N for all aiaulationa. alao, 
nota that whan tha L 1 /L 2 ratio ia ravaraad (Caaa 2) lifa inoraaaaa 
from 3779 to 5192 houra. Caaa 6, a 1001 NOL aiaulation ahowa a 
maxinun gaar daflaotion of 0.0084 mm and a maximum gaar rotation 
of 0.164 X 10*3 radians, wall within tha praaoribad oorfatrainta. 

A datailad tamparatura map of tha input pinion ia providad 
in Tabla 4. Tha oparating oonditiona asaociatad with this map ara 
thosa of Casa No. 5, Tabla 3> 


IV. SUMMARY AND CONCLUSIONS 


Computarizad simulation using program SHABERTH was implamantad 
to daflna a straddla pinion dasign using "off-tha-shalf** tapar 
roller baarings. Tha analysis procadad in two parts. 

Initial avaluation was dona using an alastlo analysis 
(LavtilsO) to salact a particular baaring sarias for tha numbar II 
position (i.a. not opposing tha appliad thrust). Tha avaluation 
incliidad M 6 ROOO (basal ina), LM67000 and LM11700 sarias tapar 
baarings. Tha LM11700 was salactad since it gava accaptabla 
parformanca with minimum mass. Purthar analysis was carriad out 
at both lavalsO (alastio) and lavalsl (lubrication and friction 
affacts, no tharmal analysis) to salact baaring spacing. 

Subsaquant analysis was than carriad out on tha salactad 
dasign at lavalsl with tha tharmal option activated. Thasa 
results wara used to salact preloads, fits and lubricant flow 
rates. Baaring spacing and gaar locations wara also raavaluatad. 
Results from thasa analysis indicate that tha straddla pinion 
consisting of an M88000 (position I) and an LM11700 (position II) 
will perform within tha dasign constraints providad that 
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• Hich«r thtn ap«oifi«d (>0.106 Ipa (0.4 cpn)) lubricant 
flow rates art supplltd to btarlng II to tnablt 

heat rtaoval. A value of 0.236 Ipt (0.9 gpa) la 
rtooMitndtd . 

• Suffioiant btarlng apaolng la nalntalntd. A value 
of 65 mo (oenttrllne-to-oti'.ttrllnt ) gives acoeptable 
perforaanoe at a flow rate of 0.236 Ipn (0.9 apo), 
light fits (0.005 offl/llne-llne : ahaft/houalng) and light 
preload 44. 8N UO lbs.). 
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FIGURE 3. BEARINGS FATIGUE LIFE VS. AXIAL DISTANCE BETWEEN BEARINGS 
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FIGURE H: ANALYTICAL HODEL OP NASA INPUT PINION TNERMAL STSTEH 
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FIGURE 6: 

FATIGUE LIFE VS. FLOW RATE 
FOR THE LM11700 TAPERED ROLLER BEARING 
WITHOUT FIT ANALYSIS 
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APPENDIX A 


BEANINO QEOMETNIC PNOPENTIES 


fh« gtom«trio prop«rti«s for tht btaringt war* ooaputad from 
drawings of tha aasanbliasi Innar rings and rollars. Tha numarioal 
valuaa for tha gaomatrlo paranatars uaad in tha analysaa ara 
tabulatad balow (Tabla A- 1 ) whila tha nomanolatura is dafinad 
with Pigura A*l. 


TAB -E. 

BEARING GEOMETRIC PARAMETERS 


PARAMETER 

M 88000 SERIES 

LM 67000 SERIES 

LM 11700 SERIES 

a 

200 

15.370 

10.80 

6 

15.050 

11.70 

7.3670 

6 

15.550 

12.250 

7.7960 

2c 

4.950 

3.670 

3.4330 

Rs 

87 . 38 nun 

102.00 mm 

95.39 mm 

Rc 

4500.88 mm 

2049.78 mm 

1270.00 mm 

i>w 

16.32 mm 

10.75 mm 

9.220 mm 

^a 

15.80 mm 

10.26 mm 

7.635 mm 

dS 

7.94 mm 

6.53 mm 

5.715 mm 

Do 

33*34 mm 

31.75 mm 

17.46 mm 

Db 

68.26 mm 

59.13 mm 

39 * 88 mm 

B 

22.23 mm 

15 . 88 mm 

13*84 mm 

No. of Rollars 

16 

14 

10 

C s Capacity (N) 

48,950 

29,815 

18,913 






APPENDIX B 


PRELOAD CALIBRATION 


In SHABBRTH, axial praloada art iapoaad by aalaotion of a 
nagatlva initial daformation (axial play) paraaatar. An aquivalant 
praload waa ooaputad uaing tha prooadura daaoribad balow. 

Tha ayataa axtarnal loada wara raaovad and tha rotational apaad 
aat to 10 rpB. An axial play (oonpraaalon) waa aalaotad and tha 
aupport ayatan analyaad to avaluata baaring axial loada on tha innar 
ringa. Thia providad a point on tha load-daflaotion ourva. Tha 
prooaaa waa rapaatad until tha antira calibration ourva waa obtainad. 
At thia point tha diaplacamant oorraaponding to a givan praload 
could ba axtractad from tha ourva. 

Calibration studiaa wara parfornad for tha M88000, LH67000 and 
LM11700 aarias. Tha raaults ara tabulatad balow. 


TABLE B«1 

AXIAL PLAY VS. PRELOAD - CALIBRATION DATA 


AXIAL COMPRESSION M 88 OOO LM67000 LM11700 

(mm X 10**) 


0.000 

10.000 

20.000 

30.000 

40.000 

50.000 

60.000 

80.000 

100.000 


0.000 

0.0 

0.0 

43.199 

16.2 

13.3 

125.999 

44.6 

'35.5 

219.002 

77.2 

63.7 

333.000 

113.0 

101.0 

- 

169.0 

144.0 


235.0 

192.0 

•• 

- 

294.0 


TABLE B-2 


PRELOAD (N) 


PRELOAD VS. AXIAL PLAY 

AXIAL PLAY (mm) x 10*3 
M88000 LM67000 LM11700 


44.48 

(10 

lb) 

4.1 

2.0 

2.9 

88.96 

(20 

lb) 

1.8 

3.3 

4.6 

133.44 

(30 

lb) 

2.4 

4.2 

5.9 

177.92 

(40 

lb) 

2.9 

5.1 

7.1 

222.4 

(50 

lb) 

3.4 

5.8 

8.3 
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APPEWDIX C 


CALCOLATIOIt Of POPCI COMPOMBIITS ON 3PIPAL BIVIL PimOM OlAP 


Tht proo«dur« for ooaputing tho loodo oetlng on tho tplral 
bovol pinion gtnr was takon fro* RaParanoa t 1 ]. Oanaral axpraaaiona 
for tha tangantiali axial and radial load on tha laft hand gaar 
driving olookwiaa ara givan balow (aaa alao Pigura C-1). 


Ka 

Kr 

M 


whara 


Substitution 

Kt 

Ka 

Kr 

M 


(tan# sinYp ♦ tin# oosy p) 

nr 

ola^ (tan# cosYp - tin# sin p) 
K. • Pd/2 


pinion torqua « 105»410 N-mm 
pitch radius « 23*38 mm 
prassura angle • 20 ^ 

spiral angle > 35®* (gives maximum loads) 

pitch angle • 15.33® 

of these values gives 
. 4508.6 N 

C(.364)(.268)^(.574)(. 963)1 « 3578. N 
C(.364)(.9634)-(.574)(.26S)]a 1084. N 
3578 • 46.76/2 « 83654 N-mm 


Tha spiral angle ranges from 30® - 35®. 
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APPENDIX D 


T TRANSFER COEFFICIENTS FOR NASA HIGH SPIED INPUT PlNlON-TAP 


ROLLER BEARING STRADDLE DESIGN 


1. H»at Conduction 

This dafign of tho NASA high tpood input pinion nodult has a 
magnasltin alloy housing and a shaft with two taptrtd rolltr baar- 
Ing supports of staal. Tha nodal usad to slnulata tha Input 
pinion nodula Is shown In Flgura 2 . Thraa conduction hast trans- 
far coafflclants (3) wara usad In tha analysis: 


1) Magnaslun - 

2) Staal - 


S3.6S17 watts/n-^C 
46.7289 watts/n-^C 


3) Staal'Magnaslum- 49.9S16 watts/m-^C 
The third coefficient reflects conduction between a staal node 
and a magnesium node. Tha value was obtained using tha following 
formula (U): 

keqv - (O.S/Kg ♦ O.S/K„)*^ 

where and are the conductivities of tha Individual materials. 
Specifically: 

Kj • (0.5/53.6S17 ♦ 0. S/46. 7289)'^ • 49.9516 watts/m-®C 
The above calculation assumes a heat conduction path composed of 
sot steel and SOt magnesium alloy. Since the magnitudes of the 
heat transfer coefficients for the two materials are vary closa, 
the error Introduced Is small, and the above assumption Is justified. 


I, 








Conduction botwton tho btnrlng rncowny nnd rolling oloaont 
nodot it cnlculttod intomnlly by tho progrna. 


II. Porcod Convoction 

Tho thorotl proportiot of tho lubricont» Sontotrac SO, and 
air «utt bo obtainod to calciilato tho convoction hoot trantfor 


coofficitntt . Tho valuot of tho roquirod thomal proportiot art 


tuauiariztd bolow: 


Proportiot of Santotrac SO Oil (s) 


Thoraal Conductivity 
Oontity at lOO^C 
Specific Hoat 

Kinoaatic Vitcotity at 37.78^C 

at 98.89^C 


0.10 wattt/n-^C 
864 kg/o^ 

2130 watt-toc/kg*^C 
33.6 X 10*® «*/toc 
5.61 X 10*® o^/toc 


Proportiot of Air at 93^C (6) 


Thormal Conductivity 
Dontity 
Specific Hoat 
Kinomatic Vitcotity 


0.30 wattt/n*^C 
.96 kg/n^ 

1009 wattt-toc/kg*^C 
22.2 X 10*® «^/toc 


(a) Convoction botwoon roller bearing coaponontt and 


lubricant 


Uting tho equation on page B6 of Roforonco (2) 


for each of 


tho two tapered roller bearingt: 


»i 


0.3047 



cot 0^ 






where w ■ angular velocity of inner rint (rad/tec) 
V ■ kinematic vitcotity of oil (m^/tec) 
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with 


0*1/2 cup included angle (deg) 

D ■ roller dieseter (n) 
dj^ ■ pitch dimeter (m) 

K ■ therael conductivity of oil (wette/a-^C) 
■ Prendtl nuaber ■ pvCp/K ■ 103.24 

p ■ oil density 
Cp • specific heet of oil 

i • 1 i BRG 1 (N88000) 

2 ; BRG 2 (LM11700) 


Substituting the eppropriete values into the equation, one obtains: 

• «l ■ 3337 watts/a^-®C 

02 ■ 3446 watts/a^-®C 


(b) Convection between shaft and air inside input pinion nodule. 
The equation for forced convection fron the outer surface of a 
rotating shaft on page BS of Reference [2] was used to deteraine 
the Nusselt number. 

Nu - 0.11 (0.5 Re^ Pr]°*^^ • 4781 
where Re • - S.88 X 10^ 

L * shaft mean diameter > .0333m 

• kinematic viscosity of air (m^/sec) 

The convection coefficient, a, was then calculated by the equation 

below. 

o • Nu K^/L ■ 4307 watts/m^-®C 
where ■ thernal conductivity of air (watts/m*^C) 

(c) Convection heat transfer to mbient air outside transmission. 
A heat transfer coefficient of 37 watts/m^-^C was used as per 

per Reference [4]. 
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(d) Conv«etlon htat trtnsf«r b«tii«tn g««r turfaet and lubricant. 
Baaad on the foraulatlon of Fatlr and Chang l7l* and aaauaing 
turbulent flow over the ant Ira gear aurfaoa» tha haat tranafar 
ooaffloiant waa oaloulatad by tha aquation glvan balow. 

• K 0.0197 (■ ♦ 2.6)®** Raj** Pr®*® 

whara Reynold*! nuabar at radius r ■ 

Ra • rfw • 5.6$ X 10* 

* V 

m • exponent of wall taaparatura distribution ■ 0 
Interpolating froa Table 1 of Reference [7] one obtains Nu 2.69. 
Then, for this 1001 turbulent case, one obtains, 

Oj • (0.10) (3748/(5.61 X 10"®)1®** (.0197) 

(2.6)®** (5.6$ X 10*)®**(103. 24)0-6 

Oj ■ 46,446 watts/a*^C 

III. Mass Transport Heat Trantfer 

A lubricant flow aodel is included within the nodal network, 
thermally simulating the input pinion system. This model takes 
into account the heat transported by the flow of lubricant. Up 
to ten unique coefficients can be used to describe the flow net- 
work. The coefficients, c^, are computed as follows: 

• pCp Vj (watt/®C) 
where p ■ fluid density (kg/m*) 
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APPENDIX 4 

ANALYSIS OF ALTERNATE SHAFT SUPPORT CONFIGURATIONS 
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ABSTRACT 


This sffort oonstitutss sn snslysis of sltsrnstivs dssign oon- 
figurstions for s high spssd input pinion of sn sdvsnosd hsiiooptsr 
transmission using SKP softwsrs SHABBRTH. Ths objsotivs is to sslsot 
a dssign optimal with rsspsot to wslght, whioh providss suffioisnt 
bsaring L|o Hf* 2500 hrs) and controls gsar dsformations from 
sxcssdlng SDseifisd magnitudss. (Dsflsotions <.025 mm; Rotation 
< 1.75(10)-3 pad). 

Ths work has bssn oarrisd out in thrss phases. Phases one and 
two (elastic analysis at level 0 and level 1 - isothermal) yielded a 
specific design; a straddle arrangement consisting of a thrust 
carrying cylindrical bearing on one side of the bevel gear opposed by 
a pair of angular contact ball bearings mounted in tandem. In the 
final phase of the analysis, the computer simulations included a 
thermal analysis which accounted for thermal and mechanical interactions 
of the hardware and its environment. 

The selected design was found to perform within the specified 
constraints over a broad range of operating conditions, and warrants 
consideration for use in helicopter transmissions under similar load 
and speed conditions. 
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I. IIITHODUCTIOIt 

Th« nt«d for holieoptor trontBlttlono whioh proeoss Inoroasod 
potfor donoltloo hot lod to tho Innovatlvt dooifn of various Bodulaa 
which ooapara tho fsar box aassBbly. 

t 

High spaod spiral bsvsl input pinions art a ossa in point. Haro 
tha daaira to raduoa waight has lad to daaigna whioh aaploy fawar 
supports through tha uaa of taparad and thrust carrying oylindrioal 
baaringa [l-3l> Thaaa arrangasants hava baan found to parfora wall 
at high apaads providad adaquata attantion is payad to lubrication of 
tha flanga contact. 

Ir rafaranoas tha parforaanoa of praliainary daaigna for 

a pinion support systaa consisting of a shaft and two taparad rollar 
baarings was avaluatad. SHABERTH [6] was usad to axplora ooapating 
strsddla nnd oantilavar design oonoapts with two off-tha- shalf 
baarings. A saquanca of paranatar studies lad ultimately to designs 
of minimum waight with adaquata bearing Liq life and sufficiently 
small gear deformations. 

This particular study, while including lubrication and friction 
affects, assumed isothermal conditions. Navarthalass , tha simulation 
indicated a potential for smearing at tha flanga contact for tha 
specified operating conditions. Subsequent tasting at high spaed 
(U0,000 rpm) confirmed this result. 

The currant study was directed at alternate designs for tha 
input pinion support system. Tha objective, as before, was to select 
a design that provicad minimum waight with sufficient bearing fatigue 
life (2500 hrs at 60% nominal gear load (NOD) and gear deformations 
within specified limits (deflections <.001 in., maximum rotation 
<0.10 at lOOA NGL). 

The selection process evolved in 3 steps. Various configurations, 
four in all, ware avaluatad at level 0 (elastic analysis) to obtain a 
preliminary assessment of their performance. Subsequent simulations 
at level 1 (isothermal analysis including fabrication and friction 
affects) enabled selection of a novel candidate; a thrust carrying 
cylindrical bearing opposed by a pair of angular contact ball baarings 
which straddle tha bevel gear. This configuration was analyzed further 
at level 1 with tha thermal option of SHABERTH activated to confirm 
the adequacy of this design. 
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RIPORT NO: AT61D031L 

CODl: LC135 

FAOl: 3 

A ttquMot of poraaottr studios wort porforaod during this phsso 
of tho work to qiisntlfy tho offsots of prolosd, lubo flow rsto snd 
distribution, Intorforonoo fits snd poroont gosr losd on tho bosrlng 
fstlfuo 11 VOS snd gosr doforsstlons. Zt wss oonoludod thst for tho 
prosorlbod losd snd spood conditions , whoroln tho thrust osrrylng 
espsblllty of tho oyllndrlosl rollor. bosrlng Is usod prlssrlly to 
esrry prolosd, tho solootod doslgn functions within tho doflnod 
porforssnoo Halts ovor s wldo rsngo of oporstlonsl conditions. 

Tho orgsnlsstlonsl struoturo of this report Is ss follows: 

Section ZI dosorlbos tho results froa tho prollalnsry studios of tho 
Inltlsl designs st level 0. In section III, tho snslysls st level 1 
of those ssBO designs Is described. Tho thorao-aochsnlosl snslysls 
of tho solootod designs Is presented In section IV. Section V 
provides s suaasry snd cites specific conclusions snd rocoaaondstlons. 
Flnslly, s group of sppondlcos follow tho asjor socwlons to give 
sddltlonsl toohnlosl dotsll on coaputstlons of model Input psrsmotors. 


II. ANALYSIS OF ALTERNATE CONFIOURATIOWS AT LEVEL 0 


Results presented below correspond to snslyses of the four 
pinion conflgurstlons (lA, IB, ?A, 2B) (see Figures 1,2) consisting 
of cyllndrlcsl roller bearings (type 303 or 205) In the #1 position 
snd s stock of sngulsr contset boll besrlngs (type 205) In tha #2, #3 
and positions. Designs lA, IB are straddle arrangements where the 
cylindrical carries only radial load. The ball bearings, preloaded 
against one another, provide axial restraint. Designs 2A, 2B are 
more novel in that thrust carrying cylindrlcals are employed. These 
are preloaded against a tandem of balls. In the former straddle 
arrangement the cylindrical carries only the preload axially. See 
Appendix A for a detailed description of each bearing type. 

These SHABERTH runs peformed at level 0, do not Include lub- 
rication and friction effects. Shaft wall thickness was held at 
approximately 505 of the shaft diameter. Inner ring speed was fixed 
at 35,963 rpm. Preloads were applied as specified (Figures 1 A 2) 
and fits were modelled as line to line. 

Design lA offers slightly better minimum bearing fatigue life 
than design IB. Minimum fatigue life for lA was (31^5 hrs) for the 
cylindrical roller bearing. The first ball bearing (#2) for design 
IB showed the smallest life (2915 hrs). Corresponding minimum lives 
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Bearing 1 - 303 Roller Bearing 
Bearings 2,3t^ - 205 Ball Bearings 

A. 2 Preloa4ed at 889. 6N, shared equally by 3 & 

B. U Prelo'ided at 889. 6N, shared equally by 2 A 3> 


FIGURE 1 . ALTERNATE PINION DESIGNS lA AND IB 


AT810031L 

LC135 

A 
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Notfta : A. Bearing I - 303 Roller with thrust capability, preloaded 

MUU.8N, shared equally by 2 & 3« Bearings 2 & 3 * 205 ball 
bearings. 

B. Bearing 2 - 205 Roller with thrust capability, preloaded at 
U44.8N shared equally by 3 A 4. Bearings 3 A ^ - 205 ball 
bearings. 

FIGURE 2. ALTERNATE PINION DESIGNS 2A AND 2B 
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TABLE 1 : COMP AB ISON OP PA7I0UC LIPS POR THE A DESZONS AT 

60S GEAR LOAD USING LIPE PACTOR • 5. 


Bearing No. 


Lift in Houra 
Baaring No. Baarlng No. 


Baaring No. 


Daalgn 

(1) 

(2) 

(3) 

(A) 

lA 

31A5 

16300 

5650 

7600 

IB 

1U300 

2915 

5595 

19550 

2k 

5135 

7A50 

5325 

— 

2B 

70 

16700 

910 

.. 


TABLE 2 1 GEAR DEFLECTIONS (mm/rotatlonaCradiana) AT 1001 
WGL AND 501 WALL THICKNESS 


Daalgn 

6 Radial 

6 Axial 

6 Maximum 

lA 

• 

O 

0 

1 

m 

1.92(-2) 

2.20(-A) 

IB 

0.9A(-2) 

1 . 8 1 ( -2 ) 

2.A6(-A) 

2A 

1.00(-2) 

1.89(-2) 

2.70(-A) 

2B 

5.56(-2) 

A.Al(-2) 

15.30(-A) 

• Notation 

nunber(-N) 

* number x 10“^ 
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for dotitnt 2k and 2B wort 9139 hours and 70 hours, raspaotivaly, for 
tha thrust osrrylns oyllndriosls. Tha oylindriosl basrint in tha 
osntllavar dasign i2B) is ■Issllgnad dua to tha Isrga rotation at tha 
gaar and. This oauaas tha axtraaaly low fatigua lifa. 

Tha gaar daflaotions and rotations for dasigns lA, IB and 2A ara 
within tha praaoribad liaits (daflaotions < .001 in., rotations 
<.l^). Tha daflaotions, both axial and radial, for dasign 2B 
(oantilavar) axoaad tha allowabla liait. Thay ara 4.41 (-2) and 9.99 
(- 2 ) aa, raapaotivaly. 

It was elaar that dasign 2A parforas battar than 2B. It waa 
agraad to oontinua paraaatar atudiaa for this dasign (2A). Tha 
ehoioa batwaan lA and IB waa not obvious. Tha limiting baaring livaa 
and paak gaar daforaations ara oloaa for both oonf Igurationa. Howavar, 
thair syataa livaa ara considarably diffarant. According to Harris [7] 


syatama N 5 

LlO « r (Lio 

J«1 


whara N 5 « numbar of baarings (4), 

J s baaring indax, 

9/8 s WaibuII slopa (constant) 


-8/9 

I 


Tha systam livaa for dasigns lA and IB wars computad to ba, 
raspactivaly , 1420 and 1815 hours. As such, it was agraad that 
dasign IB ba salactad as a candidata for further studies at level 1 
(l.a. including lubrication and traction affects). 


III. ANALYSIS OF DESIGNS IB AND 2 A AT LEVEL 1 

As reported, two of tha proposed altarnata dasigns (IB, 2A) 
ware salactad for further analytical study on tha basis of tha 
preliminary analytical investigation. In version IB, tha pinion 
shaft is supported by a cylindrical roller baaring on one and and 
a three baaring bidirectional, angular contact stack on tha other, 
and for version 2A a thrust carrying cylindrical roller baaring 
is used on one and praloadad against two angular contact ball baarings 
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on tht othor. This nnAlyslt tddrostod tho of foots of lubrlootlon ond 
fr lot ion on tho L^o ^If* of tho lood support oyotoao undor loothoraol 
oonditlono. Poroaotrlo studios of tho offsets of vorylnt prolood and 
Intorforoneo fits on fatltuo Ilfs and foar doforaatlon wars 
oxooutod for an operating toaporaturo of 190oc. Thoao roaulta provldo 
a rolatlvo ooaparlson botwoon tho two doslgna of Intoroat. Tho 
Initial roaulta aro shown bolow In Table 3» 


TABLE 3; TABULATION OP Lin LIVES AT 601 NOMINAL OEAR LOAD POR 
DESIGNS IB AND 2A WITH (LEVEL 1) AND WITHOUT (LEVEL 0) 
LUBRICATION AND FRICTION EFFECTS 

SHAFT ■ 501 WALL THICKNESS; PITS • 0.0 am; PRELOADS • 
NOMINAL 


Bearing Lio Life (Hours) 


Design Type 

Wo. 1 

Wo. 2 

No. 3 

No. 4 

IB (level 0) 

14,300 

2,915 

5,595 

19,550 

IB (level 1) 

6,006 

1,632 

3,133 

10,950 

2k (level 0) 

5,135 

7,450 

5,325 

• •• 

2A (level 1) 

2,157 

3,874 

2,769 

--- 


A significant reduction In fatigue Ilfs, compared with tho level 
0 results (l.e. no lubrlootlon and friction effects) Is deaonstrated 
In the table. This Is attributed to the low lubrication life factors 
(0.56) associated with a small elastohydrodynaalc film. The latter 
Is due to low lubricant viscosity at the specified operating temp- 
erature of 150^C. Operational lubricant temperatures are expected to 
be significantly lower (lOO^C), so that the lubricant life factors 
will be large and will not reduce the life nearly as much as currently 
predicted . 

Results from a series of computer runs performed at 60S nominal 
gear load, nominal preloads and a range of Interference fits are given 
in Table 4. 
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TABLE A: TABULATION OP Lin LIVES AT 60f NOMINAL OIAR LOAD POR 

DISIONS IB AND U - LEVEL I - ISOTHERMAL 

SHAPT • 501 WALL THICKNESS; PITS • .02 mi, .01 mm 
NOMINAL PRELOADS (N)-IB: 0.0, R89.6, AAA. 8, AAA. 8 

2A: AAA. 8, 222. A, 222. A 


hmmrinm Lin Lift (Hourt) 


Design Type 

Pit (mm) 

No. 1 

Wo. 2 

No. 3 

No. 4 

IB 

0.02 

«»,230 

2,290 

2,395 


IB 

0.01 

4,905 

1,765 

2,475 

8,380 

IB 

0.00 

6,006 

1,632 

3,133 

10,950 

2A 

0.02 

3,115 

A, 515 

2,505 


2A 

0.01 

2,370 

4,140 

2,585 

••• 

2A 

0.00 

2,157 

3.874 

2,769 

... 


Th« pr«8«nc« of th« fit indueos Axial prtload in tha ball baarinca. 
As such, tha diamatral claaranca was adjuatad for non-zaro fits to 
obtain tha noninal praload. In tha casa of tha rollar baaringa, fits 
do not indues axial praload. Howavar, thay nauaa a radiatribution of 
tha load vactor; hanoa tha baaring fatigua livaa ara aaan to vary 
with fits. Tha fits tand to atiffan tha ayatan by aliminating tha 
operating claaranca in tha cylindrical baarings. As aueh, tha daf- 
ornations ara smallar than praviously computad in tha laval 0 runs. 

Tha rasults, tabulatad for 1005 nominal gaar load, are prasantad in 
Tabla 5. 


* Sea Appendix B. 
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TABULATION OP OUR DBPORNATIONS (Mi/radUns) AT 1001 
NOHXNAL OBAR LOAD POR DUXONS IB AND 2A VS. XNTBRPBRBNCB 
PITS. 

LBVBL 1 - XSOTNBRHAL (PITS a 0.02 m); LBVBL 0 - (PITS 
a 0.00 Mi) 

SHAPT a 501 WALL THICKNESS; NOMINAL PRELOAD 


Daslan Tvoa 

Pit 

mm 

Axial 

Max. 

IB (laval 1) 

0.02 

0.6A(-2) 

l.A7(-2) 

1.85(-A) 

IB (laval 0) 

0.00 

0.9A(-2) 

l.ai(-2) 

2.A6(-A) 

2A (laval 1) 

0.02 

0.9 (-2) 

l.l8(-2) 

2.20(-A) 

2A (laval 0) 

0.00 

1.0 (-2) 

1.89(-2) 

2.70(-4) 


Th« Ufa parfornanoa of aaoh daalgn, aa aaan in Tabla 2 , favors 
daslgn 2A. Additionally, tha Ufa limiting baaring for daaign IB ^ 

(No. 2) is adjaoant to tha pinion gaar. Tha larga haat ganaration 
rata from tha gaar will datract from tha antioipatad fatigua Ufa dua 
to dacraasad lubricant film thicknass produoad at tha highar tamparaturas. 
On tha othar hand, tha limiting baaring in daaign 2A is ramota from 
tha gaar and aa suoh will not suffar such additional Ufa raduotions. 
Purthar, 2A is a aora affioiant dasign raquiring 3 instaad of A baarings. 

On this basis, it was dacidad that 2A ba salaotad for furthar study 
with a couplad tharmomachanioal analysis. 


IV. THERMAL ANALYSIS OF DESIGN 2A 

A datailad tharmal anlaysts of tha pinion support dasign Is 
raquirad to mora acourataly quantify tha parformanca of a load 
support configuration. Tha tharmal option of SHABERTH was aotivatad 
to study tha final dasign oonf iguration salaotad, 2A. This modalling 
improvamant provided a mora aocurata simulation of tha affaots of 
preloads, fits and lubrication on baaring fatigua life and gaar defor- 
mations. 
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IV. 1 DfiorlPtlon of Thtr—l Ho4tl < 

Th« SHABIRTH stMdy-tttt* th«rMl aodtl pr«p«r«d for tht 
•traddlf doalgn whieh oonaltts of a 303 oyllndrloal rollar boaring 
with thruat oarrying eapablllty and a pair of 205 angular oontaot 
ball boaringa. 

Tho Boehanioal atruoturo to bo analyiod ia thought of aa dividod 
into a nuBbor of oloBonta or nodoa* oaoh roproaontod by a toBporaturo. 

Tho not hoot flow to nodo i froB tho aurrounding nodoa j, plua tho 
boat gonoratod at nodo i» Buat nuBorioally oqual soro. Thia ia truo 
for oaoh nodo i, i going froB 1 to n» n boing tho nuabor of unknown 
toBporaturea. 

Aftor oaoh oaloulation of boaring gonoratod hoat« whioh roaulta 
rroB a aolution of tho ahaft-boaring ayatoB portion of tho progroB, a j 

aot of ayatoB toBporaturoa ia dotorBinod whioh aatiafy tho ayatoB of I 

oquationa: ^ 

di ■ dot * dgi ■ 0 for all toBporaturo nodoa i 
whoro t 

Qol ia tho hoat flow froB all noighboring nodoa to nodo 1 | 

la tho hoat gonoratod at nodo i. Thoao valuoa Bay bo input 
or oaloulatod by tho ahaft boaring prograa aa boaring 
friotional hoat. 

Tho tranafor of hoat within a modiuB or botwoon two Bodia oan | 

ooour by oonduction, oonvootion, radiation and fluid flow (Baaa 
transport). 

All thoso typos of hoat transfors ooour in a boaring applioation | 
as tho following oxanplos show. J 

1) Hoat is transforrod by conduotion botwoon innor ring and | 

shaft and botwoon outor ring and housing. | 

2) Hoat is transforrod by oonvootion botwoon tho surfaoo of H 

tho housing and tho surrounding air. 

3) Hoat is transforrod by radiation botwoon tho shaft and 
tho housing (oonsidorod nogligiblo for ourront analysis). 
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4) Hh«n tht bAtrlnf U lubrleatpd and ooolad by olreulatlng 
oil, haat la tranafarrad by fluid flow. 


Tharafora, In oaloulatlng tha nat flow to a noda all tha abova 
■antlonad aodaa of haat tranafar, axeapt radiation, wara oonaldarad. 

Plfura 3 ahowa tha gaonatrlo nodal and tha nodal ayatan for tha 
natal oonponanta and aurroundlng fluid nadla. Tha houalng waa takan 
to ba nagnaalun whlla othar natal nodaa wara oonaldarad to ba ataal 
for tha purpoaa of obtaining haat oonduotlon ooafflolanta. Thara ara 
four nodaa for aaoh ball baarlng, aavan nodaa for tha rollar baarlng 
and thlrtaan nodaa for tha ahaft (Ineludlng tha gaara) and tha 
houalng. In addition, thara ara two air nodaa. Thla nodal natwork 
provldaa for aoourata looal aa wall aa global nonltorlng of oonponant 
tanparaturia. 

Tha lubricant flow patha and nodaa ara ahown In Plgura 4. it 
waa aaauff*i that oil fron tha ehlllar (noda No. 40) axltad at 
oonatant canparatura (63^0. Tha oil flow la auparatad Into flva 
patha, thraa for tha baarlnga and two for tha gaara. Tha oaloulatlon 
for tha haat oonvaotlon inoludaa Intaraotlona batwaan tha 

1) fluid and baarlng rolling alanant, raoa and oagaa 

2) fluid and gaar aurfaca 

3) ahaft and houalng aurfaoa and aurroundlng air 

4) oil and houalng aurfaoa 

5) houalng axtarnal aurfaoa and tha anblant air which la 
aaaunad to ba at a oonatant tamparatura (21^0. 


Othar nodallng aaaumptiona aa wall aa datallad daaorlptlon of 
progran input ara provldad In Appandlx C of thla raport. Pinion 
operating oonditiona ara liatad in tha following: 

• Shaft Spaad « 36,000 rpo 

• Gaar Load Vaetor « (3578, 1084, 4509) N I 1005 

• Lubricant « Santotrac-50 [9] 

• Baval Gaar and Tail Rotor Driva Gaar Power Loaaaa Equal 
5600 and 616 watta, raapactivaly . 
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IV. 2 Su— ry of ThT«o«#oh>niotl Analylt Ktiultp 

A t«qu«no« of porasotor atudlas wart oarriad out on tha aalaotad 
pinion oonfii(uration. Thaaa inoludad variation of fita, praload» 
luba flow ratOf aa wall aa appliad baval c**>* load. 

Rasul ta whioh datail tha affaots of varying thaaa paranatara on 
tha baaring fatigua livas and gaar dafornat ‘ ois ara givan in tabular 
fora. Tabla 6 dafinaa tha valuaa for snail, noninal and larga intar- 
faranca fits, praloads and luba flow rataa. Tabla 7 shows tha affaot 
of varying thasa paranatars on tha baaring livas at 601 noninal 
gaar load. Tabla 8 providas tha dafornations at tha gaar naah point 
at lOOf noninal gaar load. 

Tha baaring fatigua livas ara nininally affaotad by tha spaoifiad 
changas in praload an. xuba flow rata. Conpanion raaults obtainad 
from an Isotharnal (150<)C) sinulation (laval 1 • lubrioation and 
friction efforts inoludad) »ra listad to astablish a basalina. Tha 
dramatic incraasa in tha livas of tha ball baarings (nora than triple) 
is attributed to anhanoad film thicknass at tha newly predicted lower 
operating tamparatura. Such results highlight tha need for a oouplad 
analysis. Tha tight (larga) fit does significantly raduoa tha life 
of tha cylindrical roller baaring. This is attributed to tha larga 
radial praload as wall as a daoraasa in film thickness associated 
with Increased temperatures. In this case, as in all others, tha 
diametral clearance in the ball baarings was adjusted to naintain tha 
nominal preload, compensating for tha tight fit. Deformations at tha 
’gear mesh point are well within allowable limits. 

In addition to the global data described above, a detailed 
temperature map ..s available with each execution. An example is 
provided in Table 9 under operating conditions of nominal praload, 
fits and lube flow rate and 601 nominal gear load. 


i 
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TABLE 6; VALUES POE SHALL (S), NOMINAL (N) AND LARGE (L) 
INTERFERENCE FITS, PRELOADS AND LUBE FLOW RATES 
FOR BEARINGS I, 2, 3. 


Pita (mm) (Innar) 
(Outar ) 


Praload (Iba) 

Luba Flow Rata Ipm 


Small 

Nominal 

0.01, 0.01, 0.01 

0.02, 0.02, 0.02 

0. ,0. ,0. 

0. ,0. ,0. 

50; 25/25 

100; 50/50 

.025 .013 .013 

.053 .025 .025 

0.1) (0.05) (0.05) 

(0.2) (0.1) (0.1) 


Lana 


0» ,0» ,0» j 

200: 100/100 I 

.106 .053 .053 1 


TABLE 7: EFFECT OF FITS. PRELOAD AND LUBE FLOW RATE ON BEARING 

■ Lio LIVES AT 605 NOMINAL GEAR LOAD 


Lio Livaa (Mrs) 


Praload 


Flow Rata 
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table B; 

EFFECT OF VARYING 

PRELOAD ON THE DEFORMATIONS AT THE 


GEAR HE8H POINT AT 

1001 NOMINAL OEAR LOAD 


Pr«lotd 

6 Axial (ma) 

6 Radial (as) 6 Max (rad) 


0.009 

0.010 

0.011 


0.009U 

0.0095 

0.0096 


0.2M (-3) 
0.25 (-3) 
0.26 (-3) 
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APPENDIX A 
BBARIMO DIMENSIONS 


205/303 Roller B«arlnit 


Rolltr Baarlni 


Bearing Width (mm) 

15.0 

14.0 

Bore Diameter (mm) 

25.0 

17.0 

Outer Diameter (mm) 

52.0 

47.0 

Pitch Diameter (mm) 

38.5 

32.1 

No. of Rollera 

12 

10 

Roller Diameter (mm) 

6.5 

7.0 

Roller Length (mm) 

6.5 

7.0 

Roller Crown Radiua (mm) 

622.3 

670.0 

Roller Plat Length (mm) 

2.1 

4.5 


205 Ball Baarlni 


Bearing Width (mm'/ 

Bore Diameter (mm) 

Outer Diameter (mm) 

Pitch Diameter (mm) 

Outer Ring Groove Radiua (mm) 
Inner Ring Groove Radiua (mm) 
Ball Diameter 
No. of Balia 
Nominal Contact Angle 


15.0 
25.0 
52.0 
38.5 
4.930 
4.917 
9.525 
11 
25® 






APPINDIX B 


PBILOAD CALIBIUTION 

In SHABBKTH, axial praloada art lapoaad by aalaotion of a I 

natativa initial daforaation (diaaatral elaaranea) paraaatar. An | 
aquivalant praload waa ooaputad for tha 205 ball baaring uaing tha 
prooadura daaoribad balow. 

Tha ayataa axtarnal loada wara raaovad and tha rotational apaad 
aat to 10 rpa. .A nagativa diaaatral olaaranoa was aalaotad and tha 
support systan analysad to avaluata baaring axial loads on tha innar 
rings. This providad a point on tha load-daflaotion ourva. Tha 
prooass was rapaatad until tha antira oalibration ourva was obtainadJ 
At this point tha displaoaaant oorrasponding to a givan praload * 
could ba axtraotad from tha ourva. Sinca tha shaft intarfaranoa fit I 
induoas a praload for angular contact ball baarings* thasa ourvas 
wars ganarstad for fits of 0.0, 0.1, 0.2 an as shown in Figura B-1. j 

i 

The axial praload for tha thrust carrying cylindrical baarings j 
(No. 205, 303) was oalibratad using tha contact thaory prasantad in 
Harris [71. Wa hava for tha flanga 

6 » 2.57 X 10"** 6* ( £p (nm) (flanga daflaction) 

whara ^ 

I 

Ip « 1/Ri * 1/^2 (l^l*)^2 * prinicpal radii of curvatura at 

roller and-flanga contact) 

^ I/R2 - I/R3 (Rs s sphere and radius) j 

Ip 

Qf ? P/z (P • praload (N), z « no. of rollers) 

i 

Tha load-daflaction curves are givan in Figura B-2. 1 


B:l 




flXlflL COMPRESSION(MM)iilO»«-U 

BEARING TTPE : 205 
BEARING TTPE 303 


FIGURE e-2 PRELORD CRLIBRRTION FOR 
205/303 ROLLER BEARINGS 




APPINOZX C 


HIAT TPAIiSriP COIPPICIlilTS POP liASA HIOH 8P11D IMPOT PIMIOM - 
CYLIMPmCAL AMD lALL IIAPIIIQ TAMDIH STPADDLI DISIQII 


I. Itoat Conduction 


This d««ign of tht NASA high spood Input pinion aodult 
hao a aagnaalua alloy houaing and a abaft aupportad by a 
thruat carrying oyhlindrioal bearing on one aid# of tha baval 
gear oppoaad by a pair of angular oontaot ball baaringa 
aountad in tandaa. Tha aodal uaad to aiaulata tha input 
pinion aodula ia ahown in Figure 3 • Two oonduotion heat 
tranafar ooaffioianta dl) ware uaad in tha analyaia. 

(1) Magnaaiua - 53 >6517 watta/a-^C 

(2) Steal - U6.7289 watta/a-^C 

Since tha aagnitudaa of tha heat tranafar coaffioianta 
for tha two aatariala are vary cloaa, any variation in tha 
coaffioianta due to a teal -aagnaalua conduction patha ia vary 
aaall, and uaa of tha ooaffioiant acting over tha aajority of 
tha conduction path ia Juatifiad. 

Conduction between tha bearing raceway and rolling 
alaaant nodaa la calculated Internally by tha program. 


C:1 


4 


Vil 


Th« thtraal prop«rti«t of tho lubrloont, Santotrao 50 


and air auat ba obtalnad to oaloulata tha oonvaotlon baat 


tranafar ooaffiolanta. Tha valuaa of tha raqulrad tharaal 


propartiaa ara auaaarlsad balow. 


Tharaal Conduotlvity 


0.10 watta/a*oc 


Danaity at 37.76^C 886 kc/a3 

Spaoiflo Haat 2130 watt-aao/kf-^C 

Klnaaatio Vlaooalty at 37.78^C 33*6 x 10*^ a^/aao 

at 98.89^C 5.61 x 10*^ a^/aao 


Prooartiaa of Air at 50^C 


TharoMl Conductivity 


0.0278 watta/a*^C 


Danaity 


Spaeific Haat 


Kinamatio Vlaooalty 


1.09 kf/a3 

1000 watta-aao/kg-^C 
17.8 X I0*^a2/aac 


I*aK*JlkX ] 


liar Baarlna Coaoonanta 


A program option waa aotlvatad which allowa tha 


haat tranafar ooafflclant (c) to ba caloulatad Internally , 


with a balng a function of tha Nuaaalt, Reynolds and Prandtl 


nunbara and tha vlacoalty balng tanparatura dependant, specifically 


Nu s 


K Ra»Pr^ 


X Nu/L 








a * 



wh«rt 


N ■ Itoynoldt Nuabtr ■ UL/v(t) 

Fr ■ Prandtl Nuabtr • ov(t)Cp 

K • 0.3 ^ 

t > 0.S7 

i 

b > 0.0 

X • thtratl oonduotivlty (witts/a-OC) 

L • ohtrtottrlttlo Itngth (a) 

• .0070 a for rolltr btarlng 

• .00953 a for ball btarlng 

U • oharaotariatlo vtloolty (a/a) 

• 35 B/a for rolltr btarlng 

• 43 a/a for ball btarlng 

v(t) a ttaptraturt dtptndtnt klntaatlo 

vlaeoalty (a^/a) 

0 a dtnalty (kg/a3) 

Cp a sptciflo htat (watta-atc/kg*^C) 


B. Convtotlon Bttwttn Shaft and Air Inaldt Input 
Pinion Modult 

Tht htat tranaftr cotffloltnt waa oalculattd In tht 
aaat aanntr as abovt, with tht following subatltutlons : 

L a .0468 a 

U a 88.1 a/s 

Also nott that tht proptrtlts of air rtplaotd tht proptrtlts 
of oil In this calculation.. 
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Lubrloant 

Bat«d on tht foraulntlon of Patir k Chong C63t tho 
hoot tronofor oooffiolont woo eoleulotod by tho oquotiono 
givon bolow. 

For Loolnor Plow: 
tti ■ Mu K ^ 

V 

For Turbulont Plow: 

«T • 1C ^ 0.0l97(o#2.6)0.2 RopO'S PrO.6 

V 

whoro 

Rop* Roynold'o nuabor ot rodluo r ■ • 3.65 x 10^ 

o • oxponont of wall tonporoturo dlotribution • 0 
Intorpolotlng froo Toblo 1 of Roforonoo [8] ono obtoina Mu ■ 
2.69. Than, for tho loolnor oooo, 

«L ■ 2-89 (0.10) [37^8/5.61 x l0-8]0.5 
s 6952 wotto/n-^C 

For tho turbulont oooo ono obtains, 

«T * (O.IO) [37^*8/5.61 x l0-8]0.5( .oi97)(2.6)®‘^ 

(3.b5 X 105)0.3 (103.2**)*8 



®X • ^6,*»46 wott' /n-®C 






It ha* baan ahown [8] that, in induatrial applioatlona, a 
larga portion of tha to*r aurfaoa araa it in tha laainar 
rafiaa, and a constant waightad avaraga haat tranafar eoaf- 
fioiant raflaoting that raault ia auffioiantly aeourata for 
our purpoaaa: 

o • .9 OL ♦ OT 

a • 10,901 watta/a-^C 

III. Maaa Tranaoort Haat Tranafar 

A lubricant flow nodal ia inoludad within tha nodal 
natwork tharnally aiaulating tha input pinion ayatan. Thia 
modal takaa into account tha haat tranaportad by tha flow of 
lubricant. Up to tan uniqua ooaffioianta can ba uaad to 
dasoriba tha flow natwork. Tha ooaffioianta , , ara oomputad 

as follows: 

Cl s pCp Vi (watt/oc) 

whara 

p s fluid dansity (kg/m^) 

Cp s fluid spacific haat (watt-sao/kg-^C) 

V s volumatric flow rata (m3/sac) 
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EXPERIMENTAL DATA COLLECTED FROM INDIVIDUAL 
TEST SERIES 
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TABLE 5 

DATA SHEET FUNCTIONAL TEST OF DOKESTIC M88000 
SERIES BEARINGS UNDER 601 



TABLE 6 


Suiry of UB>ricant Platribution Modiftcition 


Lubricant Flow (t/Mln) 


Shaft Speed Lubricant Toe^. 
(Rads/Sk.) (*10 


Outboard Bearing Inboard Bearing 

Large Fjwl Small End Small End La rge End 


S23 


293 


.064 


.041 


.026 .022 


1570 


294 


.045 


.038 


.060 .030 


2617 


344 


.062 


.170 


.230 .143 


Orig^l Hole 
C onfiguration 

lAibricant Supply 
Tube 

Shaft 

Inner Race 


Outboard Hearing Inboard Bearing 

l4irge End Small End Small End Large End 

4 Holes 1.57nin 4 Holes 1.57mm 4 Holes 1.57mm 4 Holes 1.57nin 

4 Holes 2.38nm 4 Holes 2.38mn 4 Holes 2.38mm 

9 Holes 1.57mm 9 Holes .89nm 9 Holes .89nin 9 Holes l.STitm 
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TABLE 7 

of Luhricdiit Distribution Modification 


Shaft Speed 




Lubricant Teinp. 

•K 


Lubricant Flow (1/nin) 


Outboard Bearing 
Larse End SMll End 


Inboard Bearing 
Snail End Larae End 


Hole 

Configuration 


iXitlward Bearing 
Large End Small i'lul 


Inboard Hearing 
Small End i^rge FjvJ 


lAdiricont Supply 4 Holes 1.57mm 4 Holes l.STnm 4 Holes 1.57imn 4 Holes 1.57nm 
lUbo 


Shaft 

Timer Race 


4 Grooves in Caj^ 4 Holes 2.38mn 4 Holes 2.38nm 4 Holes 2.38nn 
9 Holes 1.57mm 9 Holes .89nm 9 Holes .89mm 9 Holes 1.57mm 


^Change from previous data sheet 
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TABLE 8 


Smmry of Lubricant Diatributlon Modlfiaitlon 


Shftft Speed 
. ) 

2617 


lAibr leant Flow (t/a'ii) 


Lubricant Temp. 

Outboard Bearing 

Inboard Bearing 


Large End 

Small End 

Small End Large End 

344 

.041 

.109 

.109 .163 


Two "Cy* rings put on lubricant supply tiiie to retard axial flow of air 
and lubricant.* 


Hole 

t:drtiiguration 

lAjbricant Supply 
Tube 

Shaft 


Inner Race 


Outboard Bearing 
Large Fnd Small lind 

4 Holes 1.57nm 4 Holes 1.57iiir 


Inboard Bearing 
Small End Large FjhI 

4 Holes l.S7nm 4 Holes l.S7mn 


4 Grooves in Cap 4 Holes 2.38mm 
9 Holes 1.57im 9 Holes .89nn 


4 Holes 2.38mn 4 Holes 2.38mm 

I 

9 Holes .89nir. 9 Holes l.STmn ‘ 


^Change from previous data sheet 
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TABLE 9 

Si— try of lUbrlomt Diitrlbutlop Modification 


lAjbrlcant Plow (i/«ln) 


Shaft Speed 
(lUkis/Sec.) 

Lubricant Temp. 

.m 

Outboard Bearing 
Large End S—ll End 

Inboard Bearing 
S4«ll End Urge End 

2617 

344 

.087 

.034 

.079 

.038 

3141 

344 

.087 

.034 

.204 

.072 


"0" rings removed. 


Teflon flinder /baffle 
axial flow of air and 

Hole 

QinfJUuiatign 


added to outside of lubricant sifiply tube to retard 
lubricant*. 

Outboard Bearing Inboard Bearing 

Large End Small End Stoall End Large End 


Ui)ricant Supply 4 Holes l.S7imi 4 Holes l.STmn 4 Holes l.S7sm 4 Holes l.S7mm 
Tube 


Shaft 
Inner Race 


4 Grooves in Cap 4 Holes 2.38iim 
9 Holes 1.57mii 9 Holes .89— 


4 Holes 2.38mn 4 Holes 2.38— 
9 Holes .89— 9 Holes 1.57— 


^Change from previous data sheet 
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TABU 10 


Siawirv of l4»rkant DUtrihutton Modification 




Lubricant Flow (8/hln) 


Shaft Speed 
(Rads/Sec.) 

Lubricant Teap. 

CK) 

Outboard Bearing Inboard Bearing 

Lane End Shall End Shall Bnd Lane End 

2617 

3S8 

.310 .401 .SS6 

.030 


Teflon flinger/beff le on lubricant tiiw 


Holt 

(SnTiguratlon 

Lubricant f>upply 
Tiibe 

Shaft 


Inner Race 


Outboard Bearing Inboard Bearing 

Large End Shall End Shall End Large End 

2 Holes 2.26iii^ 2 Holes l.STMi# 2 Holes l.S7M#2 Holes l.STm* 

4 Grooves in Cap 4 Holes 2.3Bna 4 Holes 2.38mi 4 Holes 2.3Bhn 

9 Holes I.STmi 9 Holes .89SH 9 Holes .89hi 9 Holes l.SThn 


^Change froai previous data sheet 
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TABLE 11 


I 

I 

i 


SuT^ of Lubricmt Piatrlbutlcn Modi ficat ion 


i 

Lubricant Plow (t/nin) j 

Shaft Spaed Lubricant Try). Outboard Bearing Inboard Bearing \ 

(Re^/Sec,) CK) Large End ftMll End Shall End Large End 


2617 338 .231 .394 .S64 .113 \ 


! 

i’ 


Teflon flinger/baffle on lubricant tube 


Hole 

Configuration 

Lubricant Supply 
Tube 


Shaft 
Inner Race 


Outboard 
Large Rnd 

2 Holes 2,26m 

4 Grooves in Cap 
9 Holes l.STmn 


I 


Bearing Inboard Bearing < 

Snail find Snail Largo P.nd ^ 

m 

2 Holes l.S7an^ 2 Holes l.STin^ 1 Hole l.SThm 

1 Hole 2.26* , 

4 Holes 2.38mn 4 Holes 2.38ni 4 Holes 2.38nm 
9 Holes .89sm 9 Holes .89mn 9 Holes l.STmn 



TABLE 12 


StiMiry of UB>r leant UUtrthutlon Modification 


l4ibr leant FIom (t/tiin) 


Shaft Speed 
(Rada/Sec.) 

Lubricant Temp. 
CK) 

Outboard Bearing 
Large End Shall bid 

Inboard Bearing 
Shall End Large End 

2617 

338 

.337 .450 

.600 .075 


Fluorcarbon f linger/baffle added to outaide of lubricant 
aupply tube to retard axial flow of air and lubricant. 


Hole 

Configuration 

Lubricant Supply 
1\ibc 

Shaft 


Inner Race 


(Xjtboard Bearing Inboard Bearing 

Large End Small End Small End Large End 

2 Holea 2.2fiop 1 Hole l.STtmn 1 Hole l.S7iaa 2 Holea 2.26oir 

4 Groovea in Cap 4 Holea 2.3gmn 4 Holea 2.3Bam 4 Holes 2.38mn 

9 Holea 1.57mm 9 Holes .89nm 9 Ho. .a .89mii 9 Holes 1.57nmi 


^Change from previous data sheet 
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Stop Inboard Bearing Failed 


TABLE IS 

of Ui>ric«nt Distribution Modificntion 


Shaft Speed 




Lubricant Temp. 

•K 


lAJbricant Flow (t/min) 


Outboard Bear 


Inboard Bear 



Fluorcarbon f linger /baffle added to outside of lubricant supply 
tube to retard axial flow of air and lubricant. 


Hole 


Outboard Bearing 
Large End Small lind 


lAd>ricant Supply 2 Holes 1.57inn* 0 Hole^ 

Tube 


Shaft 
Inner Race 


4 Grooves in Cap 0 Holes* 


18 Holes l.STmm* 


0 Holes* 


Inboard Bearing 
Small End Large End 

0 Holes* 1 Hole 1.57inn* 


0 Holes* 4 Holes 7.38nm 
0 Holes* 18 Holes l.S7nm* 


*Change from previous data sheet 
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Outboatd Bearing (#10) Failed After 10 Minutes at 3665 Rad. 
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Test Goapleted 



Bearing (» 16 ) Failed After 


TABLE 22 

Suwtry of Lubricant Diitributton Mpdiftcatlcn 




Uibricant Flow (l/mln) 

Shaft Speed 
(Rads/Scc.) 

Lubricant Temp. 
CIO 

Outboard Bearing 

Inboard Bearing 

2617 

373 

4.16 

1.47 

3141 

373 

4.S4 

1.74 


Fluorcarbon flinger/baff le added to outside of lubricant supply 
tube to retard axial flow of air and lubricant. 


Hole 

Outboard Retiring 

Inboard Bearing 

ConTifiurat ion 

Large lind 

Small liiul 

Small End 

Large End 

Lubricvit Supply 
Tube 

2 Holes l.S7inn 

0 Holes* 

0 Holes* 

1 Hole l.STnm 

Shaft 

4 Grooves in Cap 

0 Holes* 

0 Holes* 

4 Holes 2.38mn 

Inner Race 

18 Holes 1.57inm 

0 Holes* 

0 Holes * 

18 Holes 1.57mn 


^Change from previous data sheet 
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